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Module-1

INTRODUCTION TO DESIGN

INTRODUCTION:

The subject Machine Design is the creation of new and better machines and improving the existing ones. A new
or better machine is one which is more economical in the overall cost of production and operation. The process
of design is a long and time consuming one. From the study of existing ideas, a new idea has to be conceived.

The idea is then studied keeping in mind its commercial success and given shape and form in the form of
drawings. In the preparation of these drawings, care must be taken of the availability of resources in money, in
men and in materials required for the successful completion of the new idea into an actual reality. In designing a
machine component, it is necessary to have a good knowledge of many subjects such as Mathematics,
Engineering Mechanics, Strength of Materials, Theory of Machines, Workshop Processes and Engineering
Drawing.

Classifications of Machine Design:

The machine design may be classified as follows:

1. Adaptive design: In most cases, the designer’s work is concerned with adaptation of existing designs. This type
of design needs no special knowledge or skill and can be attempted by designers of ordinary technical training.
The designer only makes minor alternation or modification in the existing designs of the product.

2. Development design: This type of design needs considerable scientific training and design ability in order to
modify the existing designs into a new idea by adopting a new material or different method of manufacture. In
this case, though the designer starts from the existing design, but the final product may differ quite markedly
from the original product.

3. New design: This type of design needs lot of research, technical ability and creative thinking. Only those
designers who have personal qualities of a sufficiently high order can take up the work of a new design.

The designs, depending upon the methods used, may be classified as follows:

(a)_Rational design: This type of design depends upon mathematical formulae of principle of mechanics. (b)
Empirical design: This type of design depends upon empirical formulae based on the practice and past
experience.

(c) Industrial design: This type of design depends upon the production aspects to manufacture any machine
component in the industry.

(d) Optimum design: It is the best design for the given objective function under the specified constraints. It may
be achieved by minimising the undesirable effects.

(e) System design: It is the design of any complex mechanical system like a motor car.

(f) Element design: It is the design of any element of the mechanical system like piston, crankshaft, connecting
rod, etc.

(g) Computer aided design: This type of design depends upon the use of computer systems to assist in the
creation, modification, analysis and optimisation of a design.
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Factors governing the design of machine elements:

Factors to be considered for selection of material for design of machine elements

a) Availability: Material should be available easily in the market.

b) Cost: the material should be available at cheaper rate.

¢) Manufacturing Consideration: the manufacturing play a vital role in selection of material and the material
should suitable for required manufacturing process.

d) Physical properties: like color, density etc.
e) Mechanical properties: such as strength, ductility, Malleability etc.

f) Corrosion resistance: it should be corrosion resistant.

Selection of
arrangements

What is
Machine
Design

selection of
Shapes

Selection of
Sizes

Selection of
Materials
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General Procedure in Machine Design:

In designing a machine component, there is no rigid rule. The problem may be attempted in several ways.
However, the general procedure to solve a design problem is as follows:

Need or Aim

| Synthesis (Mechanisms) ]

Analysis of forces —|

| Muatenal selection l
i

Design of elements
(Size and stresses)

Modification |

I Detailed drawing |

Production

Fig. General Machine Design Procedure

1. Recognition of need: First of all, make a complete statement of the problem, indicating the need, aim or
purpose for which the machine is to be designed.

2. Synthesis (Mechanisms): Select the will give the desired motion.

3. Analysis of forces: Find the forces acting on each member of the machine and the energy transmitted by
each member.

4. Material selection: Select the material best suited for each member of the machine.

5. Design of elements (Size and Stresses): considering the force acting on the member and the permissible
stresses for the material used. It should be kept in mind that each member should not deflect or deform than
the permissible limit.

6. Modification: Modify the size of the member to agree with the past experience and judgment to facilitate
manufacture. The modification may also be necessary by consideration of manufacturing to reduce overall cost.

7. Detailed drawing: Draw the detailed drawing of each component and the assembly of the machine with
complete specification for the manufacturing processes suggested.

8. Production. The component, as per the drawing, is manufactured in the workshop. The flow chart for the
general procedure in machine design is shown in Fig.

Engineering Materials:

The engineering materials are mainly classified as:

1. Metals and their alloys, such as iron, steel, copper, aluminum, etc.
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2. Non-metals, such as glass, rubber, plastic, etc.
The metals may be further classified as:

1. Ferrous metals.

The Ferrous metals are those which have the iron as their main constituent, such as cast iron, wrought iron
and steel.

2. Non-ferrous metals.

The Non-ferrous metals are those which have a metal other than iron as their main constituent, such as
copper, aluminum, brass, tin, zinc, etc.

The selection of a proper material, for engineering purposes, is one of the most difficult problems for the
designer. The best material is one which serves the desired objective at the minimum cost.

The following factors should be considered while selecting the material:

e Availability of the materials.
e Suitability of the materials for the working conditions in service.
e The cost of the materials.

Mechanical Properties of Metals:

The mechanical properties of the metals are those which are associated with the ability of the material to
resist mechanical forces and load. These mechanical properties of the metal include;

Strength, stiffness, elasticity, plasticity, ductility, brittleness, malleability, toughness, resilience, creep and
hardness.

1. Strength: It is the ability of a material to resist the externally applied forces without breaking or yielding. The
internal resistance offered by a part to an externally applied force is called stress.

2. Stiffness: It is the ability of a material to resist deformation under stress. The modulus of elasticity is the
measure of stiffness.

3. Elasticity: It is the property of a material to regain its original shape after deformation when the external
forces are removed.

4. Plasticity: It is property of a material which retains the deformation produced under load permanently.

5. Ductility: It is the property of a material enabling it to be drawn into wire with the application of a tensile
force. A ductile material must be both strong and plastic. The ductility is usually measured by the terms,
percentage elongation and percentage reduction in area. The ductile material commonly used in engineering
practice are mild steel, copper, aluminum, nickel, zinc, tin and lead.

6. Brittleness: It is the property of a material opposite to ductility. It is the property of breaking of a material
with little permanent distortion. Cast iron is a brittle material.

7. Malleability: It is a special case of ductility which permits materials to be rolled or hammered into thin
sheets. The malleable materials commonly used in engineering practice are lead, soft steel, wrought iron,
copper and aluminum.

8. Toughness: It is the property of a material to resist fracture due to high impact loads like hammer blows. The
toughness of the material decreases when it is heated.
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9. Resilience: It is the property of a material to absorb energy and to resist shock and impact loads. This
property is essential for spring materials.

10. Creep: When a part is subjected to a constant stress at high temperature for a long period of time, it will
undergo a slow and permanent deformation called creep. This property is considered in designing internal
combustion engines, boilers and turbines.

11. Fatigue: When a material is subjected to repeated stresses, it fails at stresses below the yield point stresses.
Such type of failure of a material is known as fatigue. This property is considered in designing shafts, connecting
rods, springs, gears, etc.

12. Hardness: It is the property of the metals; it adopts many different properties such as resistance to wear,
scratching, deformation and machinability etc. The hardness of a metal may be determined by the following
tests:
a) Brinell hardness test.
b) Rockwell hardness test.
c) Vickers hardness test.
Working Stress:
When designing machine parts, it is desirable to keep the stress lower than the maximum or ultimate stress at
which failure of the material takes place. This stress is known as the working stress.
Factor of Safety:
_Itis defined, in general, as the ratio of the maximum stress to the working stress.
Mathematically, Factor of safety = Maximum stress / Working or design stress
In case of ductile materials; e.g. mild steel, where the yield point is clearly defined,
the factor of safety is based upon the yield point stress.
In such cases;
Factor of safety = Yield point stress / Working or design stress
In case of brittle materials e.g. cast iron, the yield point is not well defined as for ductile materials.
Therefore, the factor of safety for brittle materials is based on ultimate stress.
In such cases:
Factor of safety = Ultimate stress / Working or design stress

Stress Strain Curve for Mild Steel:

When a ductile material like mild steel is subjected to tensile force, it undergoes different stages before
failure. Stress strain curve is the graphical representation of this stages. Different material may have different
curve. Usually ductile materials follow similar pattern. so is for brittle materials. Here is the explanation
of stress strain curve for mild steel which is ductile material.

Here is the list of different stages when ductile material subjected to force till its failure.
Proportional limit (point A)
Elastic limit (point B)
Yield point ( upper yield point C and lower yield point D)
Ultimate stress point (point E)
Breaking point (point F)
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Strain Hardening
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Strain
Fig.Stress-strain curve for mild steel

Proportional limit:

As shown in stress strain curve for mild steel, up to the point A, stress and strain follow a relationship. This is
known as Hook’s law. Up to the limit of proportionality, stress directly followed the strain. This means ratio of
stress and strain remains constant

Elasticlimit:
Up to this limit (point B), is material will regain its original shape is unloaded. Point B is known as elastic point.
Yieldlimit:

When material is loaded beyond its elastic limit, it will not regain its original shape. There will be always some
deformation.

Ultimatestress:

This is the maximum stress a material can bear. Value of stress corresponds to peak point on stress strain curve
for mild steel is the ultimate stress. It is denoted by point E in diagram.

Breakingstress:

Point on the stress strain curve where material fails, is known as breaking point. Stress correspond to this point
is known as breaking stress.
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Stress Strain Curve for cast iron:

Materials which show very small elongation before they fracture are called brittle materials. The shape of curve
for a high carbon steel is shown in Fig.(b) and is typical of many brittle materials such as G.I, concrete and high
strength light alloys. For most brittle materials the permanent elongation (i.e., increase in length) is less than
10%.

Fracture

Strain ¢

Fig. stress-strain curve for cast iron.
The ultimate strength is coincident with the fracture point. In this case, no necking occurs.

Modes of failure:
A mechanical component may fail i.e. it may be unable to perform its function satisfactorily, as a result of any
one of the following three modes of failure:

1. Failure by elastic deflection.
2. Failure by Yielding
3. failure by Fracture

1. Failure by elastic deflection

In applications like transmission shaft supporting the gears, the maximum force acting on the shaft,
without effecting it performance is limited by the permissible elastic deflection. Sometimes the elastic
deflection results in unstable conditions, such as buckling of columns or vibrations. The design of
mechanical component, in all these cases, is based on the permissible lateral or torisional deflection.
The stresses induced in the component are not significant and properties of the material are not of
primary importance. The moduli of elasticity and rigidity are the important properties and dimension of
component are determined by the load deflection equation.

In short, in a components like : columns, beams, shafts etc.,the torsional deflection in an elastic region
is termed as failure of the component




2. Failure by Yielding

For ductile material deformation occurs after the yield point, resulting in permanent deformation of the
machine element which ultimately breaks at breaking point. Hence for ductile materials, failure is
usually considered to have occurred when yielding i.e. plastic deformation reach a limit, when
engineering usefulness of the part is destroyed, even through there is no rupture or fracture of
machine part. Thus, the yield point is criterion of failure of ductile materials subjected to static loading.
In short, when a mechanical component, made of ductile material, undergoes yielding or plastic
deformation, its functional utility comes to an end and it is termed as failure of the component. Such
failure is known as elastic failure.

3. Failure by fracture

In case of brittle materials the yield point and ultimate strain is very nearly equal to unity. So brittle
materials are considered to have failed by fracture with little or no permanent deformation.

Sudden separation or a breakage of a material along the cross-section normal to the direction of stress
is known as fracture. Fracture is a sudden failure without plastic deformation. The failure of
components made of brittle material is due to fracture.




Chapter-2

DESIGN OF FASTENING ELEMENTS

Fasteners: It is a Mechanical Joints which is used to become a fixed / attaches to something or

holds something in place.

The Fastenings may be classified into the following two groups:
1. The Permanent Fastenings are those fastenings which cannot be disassembled without
destroying the connecting components. Examples: Welded joint, Rivet joint.
2. The Temporary or Detachable Fastenings are those fastenings which can be disassembled
without destroying the connecting components.

Examples: 1.Thread Joints
a. Bolted Joints
b. Screws Joints
2. Keys
3. Coupling
4. Pins Joints
a. Cotters Joints
b. Knuckle Joints
5. Pipe Joints

Welded joint:

Welding can be defined as a process of joining metallic parts by heating to a suitable temperature with or

without the application of pressure.

Welding is an economical and efficient method for obtaining a permanent joint of metallic parts.

Two distinct application of welding

1. Canbe used as a substitute for a riveted joint
2. Welded structure as an alternative method for casting or forging.

Welding advantages over riveting:

Welded joint

Rivet joint

Due to no additional parts except melting of filler rods,
welded joints are lighter in weight.

Welded steel structures are lighter than the
corresponding iron castings by 50% and steel castings
by 30%

Requires cover plates, gusset plates, straps, clip angles
and large number of rivets which increases the weight

Cost is lesser due to no additional components used

Cost is higher due to usage of additional components
listed above

Alterations and additions of the design of welded
assemblies can be easily and economically modified

Alterations and additions of design of riveted
assemblies are not easier and economically changed

Production time is less

Production time is higher

Welding does not create stress concentration due to
lack of drilling holes.

Holes are drilled to accommodate the rivets. The holes
reduces the cross-sectional area of the members and
result in stress concentration.

Strength of weld is higher. Strength of weld is more

than the strength of the plates that are joined together.

Strength of rivets are not high as that of weld joints.

Machine components of certain shapes such as circular
steel pipe can easily be constructed by welding.

Machine components of certain shapes such as circular
steel pipe, find difficulty in riveting




Disadvantages of welding:

1. The capacity of weld structures to damp vibrations is poor

2. Welding results in a thermal distortion of the parts, there by inducing residual stresses.

3. Inmany cases, stress-relieving heat treatment is required to relieve residual Stresses.

4. The quality and strength of the welded joint depend upon the skill of the welder. It is difficult to
control the quality when a number of welders are involved.
The inspection of the welded joint is more specialized and costly compared with the inspection of
riveted or cast structures

Eccentrically Loaded Welded Joints

Figure. Bending Stress due to Eccentricity

In many cases the welded joints are eccentrically loaded. Different stresses may get induced depending upon
the type of joint and loading. if the stresses are of same nature , those may be vectorially added but for those
of different nature, resultant maximum tensile and shear stresses may be calculated. Depending upon the type
of joint, eccentricity may lead to bending stress or torsional shear stress in the joint in addition to the direct

shear stress induced by applied load.

Eccentricity leading to Bending Stress:
Consider a T-joint subjected to loading as shown in figure.
Let s and | be the size and length of the weld and t be the throat thickness.
Throatarea=A=2.t.1

This applied load may be considered as a load P directly acting on the joint through the CG and a bending
moment of magnitude P.e acting on the joint. 1% one will lead to direct shear stress and the 2™ will lead to a
bending stress.

Direct Shear Stress,

F P

A 2t
and Bending Stress,
_ My

%= T
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where y = distance of the point on the weld from the neutral axis
| = Moment of inertia of the weld section

Maximum tensile and shear stress may be calculated as:

| o

(2) + @

Figure. Shear Stress due to Eccentricity

Let us consider a double parallel fillet weld subjected to an eccentric load P acting at a distance e from the CG
of the welds as shown in Figure.

Eccentric force P may be considered as a force P acting on the CG of the joint and a torque equivalent to Pe
acting on the joint. The force P through the CG leads to direct shear stress, called primary shear stress and is
assumed to be uniformly distributed over the throat area of all welds. The torque Pe causes torsional shear
stress called secondary shear stress.

Primary Shear Stress,
L

A 2

And, Secondary Shear Stress,
My

J

where r = distance of the point on the weld from the CG
J = Polar moment of inertia of the weld section
r is calculated from the geometry for the farthest point of the weld from the CG.




Q.1. A rectangular steel plate is welded as a cantilever to a vertical column and

supports a single concentrated load of 60 kN as shown in figure below.

Determine the weld size if the allowable shear stress in the weld material is 140

MPa.

F

T
100
i
18 =————*
e 200

Ans. The weld is subjected to two shear stresses

(1) Direct shear of magnitude 60,000/Area of the weld. The area of the
throat section is easily found out to be 200 t where t=0.707 h. Thus
direct shear stress is 424/h MPa.

(2) The indirect shear stress as a point r distance away from the
centroid of the throat section has magnitude

FLr
7= 7 3

where J is the polar moment of area of the throat section and L is the

eccentricity of the load. From the geometry of the throat section it may

be calculated that the distance of centroid from left end =
i :
xX= o =12.5 mm (see figure below) and the polar moment about G
zl+D

is

J=

h | B+21) P+l
12 b+21

} = 272530 hmm?®.




41 2%
Thus the indirect shear stress has magnitude - r MPa The

MAXIMUm  resultant shasmr strass depends on both the  masgmitude  and
directon of the Indiaect shear stress,. 11 should e cloar thatl the maxirmum

shanl sress appeaarrs at 1tha axtrama comer of the weld secton which s sl @

destancs "lt B2.5 mm away fram the ceantroid. Notcing that the

W ! - "
included angle betwoon tha two shoar lorcos as cos | Y l=53.13", the

maximum value of the resultant shear stvass & found out o be
INSH 62
[ AT - MPa Smce this value should Nnot esxceec 140 MPa the
Y

minimurm wald soes rmust be e 20 338 mm

Q.2. Arectangular cross-section bar is welded to a support by means of fillet welds as shown in figure.
Determine the size of the welds, if the permissible shear stress in the weld is limited to 75 MPa.

25 KN

A dimenaiose 1o rnm
Fig. 10.26
Solution. Given | P = 25 kN = 25 = 10N - T 75 MPa o« 75N/mend o (= 100 mm
pz iV mm . = SO0 mum
Let v = Sre of the weld, and
1 = Throat thickness

T joint, #» shown in Fig, 1026, is subjected to direct shear siress amd the bending stress, We
Laow that the throut arey for a rectangular Gllel weld,
A =12k« 20i= 0707 1 (25 + 20
Q7075 (2 % 150+ 2 % [00) = 353.5 5 nuny® W 1= 00T
Poo25x10'
Dyrect shear suress, 1 = A - {5'5*
We knaw that berling moment
M =Pxew28x 10 x500= 12,5 x 10" Nomm
Erom Tabbe 107, we tind that for a rectangular section, section modulus,

N/ am”

- 5 5|' \
Z = vlhl + ﬁ ‘-U?l)? Jisnv 100 + ¢ tﬁlﬁ—l:\ﬁ‘nnﬂ £ mm
4 3 | \ .

M 125%10" 7858

— - — Nimm~
Z 159075 5

Bending stréss, O, =

Wi keow that maximum shear stress (71,




Riveted joint:

The rivets are used to make permanent fastening between the two or more plates such as in structural work,
ship building, bridges, tanks and boiler shells. The riveted joints are widely used for joining light metals. A rivet
is a short cylindrical bar with a head integral to it. The cylindrical portion of the rivet is called shank or body and
lower portion of shank is known as tail.

=— Head

Methods of Riveting Shank

-_ar
The function of rivets in a joint is to make a connection that has strength and tightness. Th Body
necessary to prevent failure of the joint. The tightness is necessary in order to contribute t«

prevent leakage as in a boiler or in a ship hull (The frame or body of ship). a— Tail

When two plates are to be fastened together by a rivet as shows below, the holes in the plates are puncnea
and reamed or drilled. Punching is the cheapest method and is used for relatively thin plates and in structural
work. Since punching injures the material around the hole, therefore drilling is used in most pressure-vessel

Point\ :
\ ) _L*

-
)
)

\

\
{ |

{
{

% W
Onginal head //Y
7
/////
|

7
2

Material of Rivets:

77
Backing up bar / %

The material of the rivets must be tough and ductile. They are usually made of steel (low carbon steel or
nickel steel), brass, aluminum or copper, but when strength and a fluid tight joint is the main
consideration, then the steel rivets are used. The rivets for general purposes shall be manufactured from
steel conforming to the following Indian Standards:

1. 1S:1148-1982 (Reaffirmed 1992) — Specification for hot rolled rivet bars (up to 40 mm
diameter) for structural purposes; or

2. 1S:1149-1982 (Reaffirmed 1992) — Specification for high tensile steel rivet bars for structural
purposes.
The rivets for boiler work shall be manufactured from material conforming to 1S: 1990 — 1973
(Reaffirmed 1992) — Specification for steel rivets and stay bars for boilers.
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Manufacture of Rivets
The rivets may be made either by cold heading or by hot forging.

If rivets are made by the cold heading process, they heat treated so that the stresses set up in the
cold heading process are eliminated.
If they are made by hot forging process, care shall be taken to see that the finished rivets cool
gradually.

Note: when the diameter of rivet is 12 mm or less generally cold riveting is adopted.

Types of Rivets:
Button Head
Counter sunk Head

Oval counter Head
Pan Head
. Conical Head
Types of Riveted Joints
1. Accordingto purpose
2. According to position of plates connected
3. According to arrangement of rivets
According to purpose:
a) Strong Joints: In these Joints strength is the only criterion.
Eg: Beams, Trusses and Machine Joints.
b) Tight joints: These joints provide strength as well as are leak proof
against low pressure.
Eg: Reservoir, Containers and tanks.
C) Strong-TightJoints: These are the joints applied in boilers and pressure
vessels and ensure both strength and leak proofness.

According to position of plates:

e Lap Joint: A lap joint is that in which one plate overlaps the other and the two plates are then
riveted together.

Butt Joint: A butt joint is that in which the main plates are touching each other and a cover
plate (i.e. Strap) is placed either on one side or on both sides of the main plates. The cover
plate is then riveted together with the main plates. Butt joints are of the following two types:

a. In a single strap butt joint, the edges of the main plates butt against each other and
only one cover plate is placed on one side of the main plates and then riveted
together.

b. In a double strap butt joint, the edges of the main plates butt against each other and
two cover plates are placed on both sides of the main plates and then riveted
together.

According to arrangement of rivets:

a. Asingle riveted joint is that in which there is a single row of rivets in a lap joint

as shown in Fig. and there is a single row of rivets on each side in a butt joint.

b. A double riveted joint is that in which there are two rows of rivets in a lap joint
as shown in Fig. and there are two rows of rivets on each side in a butt joint.
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(@) Single riveted lap joint, (b) Double niveted lap joint (¢) Double riveted lap
(Chain riveting) joint (Zig-zag riveting)

Important terms of Riveted joints:

Pitch (p): The Distance between two adjacent rivet holes in arow.
Back pitch (Py): The Distance between two adjacent rows of rivets.

Diagonal pitch(P4): The smallest distance between centers of two rivet holes in adjacent rows of
Z1G-Zag riveted joints.

Margin (m): It is the distance between center of a rivet hole and nearest edge of the plate.

Modes of Failures of a Riveted Joint

Tearing of the plate at the section
weakened by holes: Due to the tensile
stresses in the main plates, the main
plate or cover plates may tear off across
a row of rivets as shown in Fig. In such
cases, we consider only one pitch length
of the plate, since every rivet is
responsible for that much length of the
plate only. ] A
The resistance offered by the plate against tearing is known as tearing resistance or tearing strength or tearing
value of the plate.

Let, p = Pitch of the rivets,
d = Diameter of the rivet hole,
t = Thickness of the plate, and
o: = Permissible tensile stress for the plate material.

We know that tearing area per pitch length,
A: = (p - d) t
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Tearing resistance or pull required to tear off the plate per pitch length,
P:=A:. ot—(p d)t Ot

When the tearing resistance (P:) is greater than the applied load (P) per pitch length, then this type of failure
will not occur.

2. Shearing of the rivets:

The plates which are connected by the rivets exert

tensile stress on the rivets, and if the rivets are

unable to resist the stress, they are sheared off as

shown in Fig.

It may be noted that the rivets are in single shear

in a lap joint and in a single cover butt joint, as

shown in Fig.

(a)Shwingoﬂanmmahp)omt.
But the rivets are in double shear in a double co
butt joint as shown in Fig. The resistance offered b

rivet to be sheared off is known as shear | y
resistance or shearing strength or shearing value /% /%% %
therivet. "'“"‘"",j

d = Diameter of the rivet hole,
T = Safe permissible shear stress for the rivet material,n
= Number of rivets per pitch length.

We know that shearing area,
A = (rt/4) x d? ... (In single shear)

=2 x (r/4) x d? ... (Theoretically, in double shear)




Shearing resistance required to shear off the rivet per pitch length,

Ps=nx (n/4)xd’xt ...(In single shear)
=nx2x(n/4)xd*xt ...(Theoretically, in double shear)
When the shearing resistance (Ps) is greater than the applied load (P) per pitch length, then this type of
failure will occur.

3. Crushing of the plate or rivets: Sometimes, the rivets do not actually shear off under the tensile
stress, but are crushed as shown in Fig. Due to this, the rivet hole becomes of an oval shape and
hence the joint becomes loose. The failure of rivets in such a manner is also known as bearing
failure. The area which resists this action is the projected area of the hole or rivet on diametral
plane.

v

h
j ::::::IL'.'

The resistance offered by a rivet to be crushed is known as crushing resistance or crushing strength or
bearing value of the rivet.

Let d = Diameter of the rivet hole,

t = Thickness of the plate,
o. = Safe permissible crushing stress for the rivet or plate material,
and n = Number of rivets per pitch length under crushing.

We know that crushing area per rivet (i.e. projected area per rivet),
Ac = d- t

~Total crushingarea=n.d.t

and crushing resistance or pull required to crush the rivet per pitch length,
P.=n.d.t.o.

When the crushing resistance (P.) is greater than the applied load (P) per pitch length, then this type
of failure will occur.
Note: The number of rivets under shear shall be equal to the number of rivets under crushing.
Unwin’s Formula: As a Common Practice for plate thickness greater than 8 mm, the diameter of rivet hole is
determined by: d =6t (t = thickness of plate)

Strength of a Riveted Joint:
The strength of a joint may be defined as the maximum force, which it can transmit, without causing it to fail.

We have seen that P;, Ps and P. are the pulls required to tear off the plate, shearing off the rivet and
crushing off the rivet. A little consideration will show that if we go on increasing the pull on a riveted joint, it
will fail when the least of these three pulls is reached, because a higher value of the other pulls will never reach
since the joint has failed, either by tearing off the plate, shearing off the rivet or crushing off the rivet.

If the joint is continuous as in case of boilers, the strength is calculated per pitch length.
But if the joint is small, the strength is calculated for the whole length of the plate.




Efficiency of a Riveted Joint:
The efficiency of a riveted joint is defined as the ratio of the strength of riveted joint to the strength of the un-

riveted or solid plate. We have already discussed that strength of the riveted joint
= Least of P, Ps and P,

Strength of the un-riveted or solid plate per pitch length,
P=p.t.c:

.. Efficiency of the riveted joint,
Least of Pt, Ps and P¢

n= p X t X Ot

Where, o: = Permissible tensile stress of the
plate material
p= Pitch of the rivets,
t = Thickness of the plate




Q.1: A double riveted lap joint is made between 15 mm thick plates. The rivet diameter and pitch are 25 mm
and 75 mm respectively. If the ultimate stresses are 400 MPa in tension, 320 MPa in shear and 640 MPa in
crushing, find the minimum force per pitch which will rupture the joint. If the above joint is subjected to a load
such that the factor of safety is 4, find out the actual stresses developed in the plates and the rivets.
Solution. Given - f=15mm :d=25mm : p=T5 mm : g, =400 MPa=400N. e T =320
MPa = 320 N'mm? ; ¢, = 640 MPa = 40 N/'mm’
Minimum force per pitch which will rupture the joint
Since the ultimate stresses are grven. therefore we shall find the ultimate values of the resistances
of the joint, We know that ultimare tearing resistance of the plate per pitch,
P =3 d)t = o, =(75-25)15 » 400 =300 00O N

4]

Ultimate shearing resistance of the rivets per pitch.

P = E -'-"~Ec"():?"ﬂ-‘ﬂ"‘on\’
u 4 N - 4 L) JeU ™ Jl= AUV L

and ultimste crushing resistance of the nivets per pitch.
P.=nxd~t~6, =2x215=15x640=480000N

el m

From above we see that the mintmum force per pitch which will rupture the joint 1s 300 D00 N
or 300 kN  Ans.
Acrual stresses produced in the plares and rivers

Since the factor of safety 1s 4, therefore safe load per pitch length of the joint

= 300000,4 =75000 N

Let 0, 7, and 0, be the actual teaning. shearing and ciushing stresses produced with a safe
load of 75 000 N 1 eanng. shearmg and crushung.

We know that actual tearing resistance of the plates (P, ),

75000 = (p-d)t~o, =(75-25)15> 0, =T500_

g, = 75000/ 750 =100 N.mm* = 100 MPa Ans.

i
Actial shearing resistance of the nivers (P ).

m

75000 =npx — 2 o= 35y ¢+ =082
5000 =n 2 d X (25)° 1, =982,

n
a=2" 3
T, = 75000 / 982 = 76.4 N/mm® = 76.4 MPa Aus,
and actual crushing resistance of the nvets (P_ ).
7€ N0 = % ad » . =2 % 28 « 18 % = 740
000 =nxdxtxa_=2x 2 | f = 558 Mo,
0, = 75000/ 750 =100 N'mm" =100 MPa  Ans.

Q.2: Find the efficiency of the following riveted joints:
1. Single riveted lap joint of 6 mm plates with 20 mm diameter rivets having a pitch of

50 mm. 2. Double riveted lap joint of 6 mm plates with 20 mm diameter rivets having a
pitch of 65 mm. Assume Permissible tensile stress in plate = 120 MPa Permissible
shearing stress in rivets = 90 MPa Permissible crushing stress in rivets = 180 MPa.
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Solution. Given : r=6 mm; d=20mm ; ¢,= 120 MPa=120N'mm?; =90 MPa=90N'mm?*;
a_= 180 MPa = 180 N/mm?
1. Efficiency of the first joint
Patch, p = 50 mm (Given)
First of all, letus find the tearing resistance of the plate, sheanng and emshing resistances of the
rivets.
() Tearing resistance of the plove
We know that the tearing resistance of the plate per pitch length,
P, =(p-d)t=o=(50-20)6=120=21 600N
(1) Shearing resistance of the rivet
Since the joint is a single nveted lap joint. therefore the strength of one rivet in single shear 1s
taken. We know that shearing resistance of one rivet,
P:=% vdlxr=— (207 90=28278N
(fif) Crushing resistance of the river
Since the joint is a single nveted. theretore strength of one rivet 1¢ taken. We know that crushing
resistance of one rvet.
<tx0 =20=6x180=21600N
. Strength of the jomnt
= Leastof P, P and P_= 21 600N
We know that strength of the unriveted or solid plate.
P=pxtx0,=50x6x120=36000N
.. Efficiency of the joint,
Least of B.P md P 21600
n-= P ) ~ = 35000 ~ 060 0r60% Aus.
2, Efficiency of the second joint

Pitch. p = 65 mm (Given)
(f) Teaving resistance of the plate,
We know that the teanng resistance of the plate per pitch length,
P=(p—-d)t>e,=(65-20)6 > 120=32 400N
(i) Shearing resistance of the rivets

Since the joint is double riveted lap joint. therefore strength of two rivets in single shear is
taken. We know that shearing resistance of the rivets,

5

T 5 ’ Tt X -
P =nx & d2xg=2x q (20290 =56 556 N

(iil) Crushing resistance of the rivet
Since the joint is double riveted. therefore strength of two rivets is taken. We know that crushing
resistance of rivets.
P,=nxdxtxc,=2x20x6x180=43200 N
. Strength of the joint

= Least of Py P. and P _=32400N




We know that the strength of the unriveted or solid plate.
P=pxtx6,=65x6x120=46800N

.. Efficiency of the joint.

Least of P. P. and P. 32 400

_ f e + c _ — 5 A .
n = = = 16 800 =0.692 or 69.2% Ans.

Q.3: Design a double riveted lap joint for MS Plates having a thickness 9.5 mm. Calculate the efficiency of
the joint. The permissible stresses are: o: = 90 MPa, t; = 75 MPa, o. = 150 MPa.

Design of boiler joints according to IBR

The boiler has a longitudinal joint as well as circumferential joint. The longitudinal joint is used to join the
ends of the plate to get the required diameter of a boiler. For this purpose, a butt joint with two cover
plates is used. The circumferential joint is used to get therequired length of the boiler. For this purpose, a
lap joint with one ring overlapping the other alternately is used.

Since a boiler is made up of number of rings, therefore the longitudinal joints are staggered for
convenience of connecting rings at places where both longitudinal and circumferential joints occur.

Design of Longitudinal Butt Joint for a Boiler
According to Indian Boiler Regulations (I.B.R), the following procedure should be adopted
for the design of longitudinal butt joint for a boiler.
1. Thickness of boiler shell.
First of all, the thickness of the boiler shell is determined by using the thin cylindrical
formula, i.e.

PD .
t=———+= 1 numn as corrosion allowance
26, xm;
Where t = Thickness of the boiler shell,
P = Steam pressure in boiler,

D = Internal diameter of boiler
ot = Permissible tensile stress, and

ni = Efficiency of the longitudinal joint.
The following points may be noted:
(a) The thickness of the boiler shell should not be less than 7 mm.

(b) The efficiency of the joint may be taken from the following table.
Indian Boiler Regulations (I.B.R.) allows a maximum efficiency of 85% for the best joint.

(c) According to I.B.R., the factor of safety should not be less than 4.
2. Diameter of rivets.
After finding out the thickness of the boiler shell (t), the diameter of the rivet hole (d) may be
determined by using Unwin's empirical formula,
i.e.d=6Vt , (when tis greater than 8 mm)

But if the thickness of plate is less than 8 mm, then the diameter of the rivet hole may be
calculated by equating the shearing resistance of the rivets to crushing resistance. In no case, the
diameter of rivet hole should not be less than the thickness of the plate, because there will be
danger of punch crushing.

3. Pitch of rivets.

The pitch of the rivets is obtained by equating the tearing resistance of the plate to the shearing
resistance of the rivets. It may noted that;




(a) The pitch of the rivets should not be less than 2d, which is necessary for the formation of
head.




(b) The maximum value of the pitch of rivets for a longitudinal joint of a boiler as per I.B.R. is
Pmax =Cxt+41.28 mm
where, t = Thickness of the shell plate in mm,
C = Constant.
® The value of the constant C may be taken from DDB. If the pitch of rivets as obtained by
equating the tearing resistance to the shearing resistance is more than pmax, then the value of
Pmax IS taken.
4. Distance between the rows of rivets.
The distance between the rows of rivets as specified by Indian Boiler Regulations is as follows:
(a) For equal number of rivets in more than one row for lap joint or butt joint, the distance
between the rows of rivets ( ps) should not be less than
0.33p +0.67d ......for zig-zig riveting, and
d for chain riveting.

(b) For joints in which the number of rivets in outer rows is half the number of rivets in inner rows
and if the inner rows are chain riveted, the distance between the outer rows and the next rows
should not be less than 0.33 p + 0.67 or 2d, whichever is greater.
The distance between the rows in which there are full number of rivets shall not be less than 2d.
(c) For joints in which the number of rivets in outer rows is half the number of rivets in inner rows
and if the inner rows are zig-zig riveted, the distance between the outer rows and the next rows
shall not be less than 0.2 p + 1.15 d. The distance between the rows in which there are full number
of rivets (zig-zag) shall not be less than 0.165 p + 0.67d.
Note : In the above discussion, p is the pitch of the rivets in the outer rows.
5. Thickness of butt strap.
According to I.B.R., the thicknesses for butt strap (t1) are as given below:

(@) The thickness of butt strap, in no case, shall be less than 10 mm.
(b) t:=1.125t, for ordinary (chain riveting) single butt strap.

c(p-d )
t, = 1'1:”|.,p——2d_.]

For single butt straps, every alternate rivet in outer rows being omitted.
t1=0.625 t, for double butt-straps of equal width having ordinary riveting (chain riveting).

[ p-d
f, = 0.6257¢ p- 2d |1|

For double butt straps of equal width having every alternate rivet in the outer rows being
omitted.

(c) Forunequal width of butt straps, the thicknesses of butt strap are
t; =0.75 t, for wide strap on the inside, and

t1 = 0.625 t, for narrow strap on the outside.

6. Margin.
The margin (m) is taken as 1.5 d.
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Q.1: Inner diameter of a boiler is 1500 mm and the steam pressure is 2 N/mm?Z. Use a proper joint along the
length and design it completely. Use following permissible values of stress.

Tension 6: =90 MPa, Shear 1t =75 MPa, Crushing 6. = 150 MPa

Q.2: A cylindrical pressure vessel with a 1.5 m inside diameter is subjected to internal steam pressure of 1.5
MPa. It is made from steel plate by triple-riveted double strap longitudinal butt joint with equal straps. The
pitch of the rivets in the outer row is twice of the pitch of the rivets in the inner rows. The rivets are arranged
in a zig zag pattern. The efficiency of the riveted joint should be atleast 80 %. The permissible stresses for the
plate and rivets in tension, shear and compression are 80, 60 and 120 MPa, respectively. Assume that the rivet
in double shear is 1.875 times stronger than in single shear. Design the joint and calculate
1. thickness of the plate,

. diameter of the rivets,

. Pitch of the rivets,

. distance between the rows of rivets,

. margin

. thickness of the straps and

. Efficiency of the joint.
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Chapter-3

DESIGN OF SHAFTS AND KEYS

Shafts:

A shaft is a rotating machine element which is used to transmit power from one place to another. The
power is delivered to the shaft by some tangential force and the resultant torque (or twisting moment) set
up within the shaft permits the power to be transferred to various machines linked up to the shaft. In
order to transfer the power from one shaft to another, the various members such as pulleys, gears etc.,
are mounted on it. These members along with the forces exerted upon them causes the shaft tobending.

In other words, we may say that a shaft is used for the transmission of torque and bending moment. The
various members are mounted on the shaft by means of keys or splines. The shafts are usually cylindrical,
but may be square or cross-shaped in section. They are solid in cross-section but sometimes hollow shafts
are also used. An axle, though similar in shape to the shaft, is a stationary machine element and is used
for the transmission of bending moment only. It simply acts as a support for some rotating body such as
hoisting drum, a car wheel or a rope sheave. A spindle is a short shaft that imparts motion either to a
cutting tool (e.g. drill press spindles) or to a work piece (e.g. lathe spindles).

Types of Shafts

The following two types of shafts are important from the subject point of view:

Transmission shafts. These shafts transmit power between the source and the machines absorbing
power. The counter shafts, line shafts, over head shafts and all factory shafts are transmission shafts.
Since these shafts carry machine parts such as pulleys, gears etc., therefore they are subjected to bending
in addition totwisting.

Machine shafts. These shafts form an integral part of the machine itself. The crank shaft is an example of
machine shaft.

Stresses in Shafts

The following stresses are induced in the shafts:

Shear stresses due to the transmission of torque (i.e. due to torsional load).

Bending stresses (tensile or compressive) due to the forces acting upon machine elements like gears,
pulleys etc. as well as due to the weight of the shaft itself.

Stresses due to combined torsional and bendingloads.

Design of Shafts

The shafts may be designed on the basis of

1. Strength, and
2. Rigidity and stiffness.

In designing shafts on the basis of strength, the following cases may be considered:
(a) Shafts subjected to twisting moment or torque only,

(b) Shafts subjected to bending moment only,

(c) Shafts subjected to combined twisting and bending moments, and
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(d) Shafts subjected to axial loads in addition to combined torsional and bending loads.




Shafts Subjected to Twisting Moment Only
Solid shaft:

When the shaft 1s subjected to a twisting moment (or torque) only, then the diameter of the
shaft may be obtained by using the torsion equation. We know that

F_f

J o r

Where 7= Twisting moment (or torque) acting upon the shaft,
J = Polar moment of inertia of the shaft about the axis of rotation,
t = Torsional shear stress, and
r= Distance from neutral axis to the outer most fibre
=d / 2; where d 1s the diameter of the shaft.
We know that for round solid shaft, polar moment of inertia,

¥/ 3

J=—d"

32
xd’

Then we get, Ti= sk T
16

From this equation, diameter of the solid shaft (d) may be obtained

Hollow shaft:
We also know that for hollow shaft, polar moment of inertia,

by

J= EE[H,,}*—[:#__T]

Where d, and &; = Outside and inside diameter of the shaft, and r =4, / 2.

Substituting these values in equation (f), we have

p : . = or T= EP‘
35 L(do) ~(d)*]

T n r[mﬁ,:ﬁ ~(d)*]

d

]

Let & = Ratio of inside diameter and outside diameter of the shaft =4,/ d,

Now the equation (i) may be written as




4

T

AN

a,

5 N
i ' 1 - ¥ T (dp]‘ 1 k.l}
d, | 16

From the equations, the outside and inside diameter of a hollow shaft may be determined.

It may be noted that

1. The hollow shafis are usually used in marine work. These shafis are stronger per kg of
material and they may be forged on a mandrel, thus making the material more homogencous
than would be possible for a sohid shaft. When a hollow shaft 15 to be made equal n strength
to a solid shaft, the twisting moment of both the shafis must be same. In other words, for the

same material of both the shafis,

_, ) -@d)'| = 3
= —XT ——— |=—XT Xl
16 d, 16

d,)* - @p*

r = or (d)°(1-k)=d

2. The twisting moment (7) may be obtained by using the following relation:
We know that the power transmutted (in watts) by the shaft,
2N XT P % 60
T or T= YN
Where 7= Twisting moment in N-m, and
N = Speed of the shaft in rp.m.
3. In case of belt drives, the twisting moment (T) is given by
r=(T,-T3)R
Where 7, and 7> = Tensions 1n the tight side and slack side of the belt respectively, and R =
Radius of the pulley.

Shafts Subjected to Bending Moment Only
a) Solid Shaft:

When the shaft is subjected to a bending moment only, then the maximum stress (tensile or
compressive) is given by the bending equation. We know that

Where M = Bending moment,
M O,

I ¥
| = Moment of inertia of cross-sectional area of the shaft about the axis of rotation,
op = Bending stress, and

y = Distance from neutral axis to the outer-most fibre.




We know that for a round solid shaft, moment of inertia,

I— ixn’j' and
64

Substituting these values in equation

_':Hr Gb T 2
_— = T, M= — -
- 1 i M % b ﬁb = !'?T

Eat

64 2

From this equation, diameter of the solid shaft (d) may be obtained.
b) Hollow Shaft:

We also know that for a hollow shaft, moment of inertia,

1= 5_2 I:ma}!' - {(ff}"':l = ° I{n’&'}# 1 -k ~(where k=d_/ d )

Andy=do/ 2
Again substituting these values in equation, we have
M
T 1 4
—(d 1-k
a1 o) ( )

o 1T 3 ;
_ a’_z o M= :T; x oy (d,) (1 —k)
2

From this equation, the outside diameter of the shaft (d,) may be obtained.

Shafts Subjected to Combined Twisting Moment and Bending Moment
When the shaft is subjected to combined twisting moment and bending moment, then the shaft must be
designed on the basis of the two moments simultaneously. Various theories have been suggested to
account for the elastic failure of the materials when they are subjected to various types of combined
stresses. The following two theories are important from the subject point of view:

1. Maximum shear stress theory or Guest's theory: It is used for ductile materials such as mild steel.

2. Maximum normal stress theory or Rankine’s theory : It is used for brittle materials such as

castiron.

Let T = Shear stress induced due to twisting moment, and
op = Bending stress (tensile or compressive) induced due to bending moment.

a)_Solid Shaft:
According to maximum shear stress theory, the maximum shear stress in the shaft,

Substituting the values of o, and t

1 [(32M Y

2 nd’
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The expression Te
is known as equivalent twisting moment and is denoted by Te.

The equivalent twisting moment may be defined as that twisting moment, which when acting
alone, produces the same shear stress (t) as the actual twisting moment. By limiting the

maximum shear stress (tmax) equal to the allowable shear stress (t) for the material, the

equation (i) may be written as

3 T ;‘T 3
j;: II‘M-+T-=E><T><IJFJ

From this expression, diameter of the shaft (d) may be evaluated.

Now according to maximum normal stress theory, the maximum normal stress in the shaft,

l 1 [ 3 3
= SU::, J‘E (Gb)_ + 41

7 1
“ L

a6
| md”

1 [32M Y
+— s
2 ‘ nd” |

%,

32 |1 3 7
[E (M ++M-+T }}

nd’

3‘—:%' Tp (ma) d? = l|:_1'i'r + \MJHI - T-':|

the )
The above expression is known as equivalent bending moment (M. ).

Mez%[—w*m}z ”xgbxd_l

2

b) Hollow shaft:

JMIP+T = I—IL x1(d,) (1 -kY

i % 3 TT 743 E
M, = M+ M+ r-) — 5% (d) -k

=L

It is suggested that diameter of the shaft may be obtained by using both the theories and the larger of
the two values is adopted.




Q.1. A shaft is supported by two bearings placed 1 m apart. A 600 mm diameter pulley is mounted at a
distance of 300 mm to the right of left hand bearing and this drives a pulley directly below it with the help of
belt having maximum tension of 2.25 kN. Another pulley 400 mm diameter is placed 200 mm to the left of
right hand bearing and is driven with the help of electric motor and belt, which is placed horizontally to the
right. The angle of contact for both the pulleys is 180° and u = 0.24. Determine the suitable diameter for a solid
shaft, allowing working stress of 63 MPa in tension and 42 MPa in shear for the material of shaft. Assume
that the torque on one pulley is equal to that on the other pulley.

Solution. Grven : 48 = 800 mmm © o = 20° ;| D = 600 mm or R = 300 mm ; 4C = 200 mm :
Dn=700mmor Ry =350 mm . DE=250mm , 0 =180 =nmad , #=2000N , T, = 3000 N,
I,/T, =3 =40 MPa =40 N/mm’

The space diagram of the shaft 1s shown m Fig (@)

We kaow that the torque acting on the shaft at D

T =T, =2 By = Rl‘l- IE | o

= 3000| 1 - — | 350 =700 * 10 N-zm A =3
\

The torque diagram 1s shown 1 Fig. (&),

I

Assunung that the torque at D 1s equal to the torque ot C, there fore the tangential force acting on
the gaar C'
% T  700x10°
= — = ————— =2333N
e R 300
and the normal lead acting on the tooth of gear C,
Fic 2333 2333
W, = = —-= =2483 N
o COS Ol cos 20 0.9397
The normal lead acts at 207 to the vertical as shown wn Fig.
Resolving the normal load vertically and horizontally, we get

Vertical component of W i.e. the vertical load acting on the shaft
at C

”’C".' = "’C cos 20
= 2483 © 089397 =1335 N
and horizontal component of ¥ L.¢ the honzontal Joad acting on
the shaft at C.
= 2483 «0342=849 N
Smce T,/T,=3andT, ~3000N, theretore
T, =T;/3=3000/3=1000 N




D Pulley
,/

All dimensions in mm
(a) Spuce disgrum

T00 % 10" Nemm

(H) Terque diagram,

2000 N

l |
D T
4000 N R i)

3
L
| |

|

|

|

|

D B!
B

() Vertical toad diagram,

! v

|

B

T () Horizontal load diagram.
s

(18]

' 21
489.5 % 10

C D

| I

| |
740750

{e) Vertical B M diagram

377200
C N
|

(/) Homzontal BM. diagram

{g) Resultant B.M. diagarm.

. lTorizontal load acting on the shaft at D,
Wog: = I, + 1, = 3000 + 1000 = 4000 N
and vertical load acting on the shaft at D,
Woee = W=2000N

The vertical and horizontal load diagram at C and D i5 shown in Fig 14.6 (¢) and (d)
respeciively




Now 2t us find he maxumuen bendmg moment for vertical and hor zontal loading

First of all considering the vertical loading at C and D. Let Ry, and Ry, be the reactions at the

bearings 4 and B respectively. We know that _
W sin 20°

Ry +Ryy = 2333 +2000=4333N c _

Taking moments about 4, we get [
Ry % 800 = 2000 (800 — 250) + 2333 x 200 \ 4 20
1 566 600 '

Rgy = 1566 600 /800=1958 N

Ry =4333 —1958=2375N | W
We know that B M. at 4 and B, W cos 20°

Myy = Mgy =0
BM. atC, My = Ry 200 = 2375 x 200

= 475 = 10° N-mun

Fig. 14.7

BM al D, ! 2\ = Rgy; % 250 = 1958 x 250 =489.5 = 10° N-mm
The bending smoment diagram for vertical loading is sbown in Fig 14 6 (&)
Now consider the horizontal loading at C and D. Let R, ; and Ry, be the reactions at the bearings
A and B respectively. We know that
Ryt Ry = 849 + 4000 -~ 4849 N
Taking momenis about 4, we pet
Ry, » 800 = 4000 (800 - 250) + 849 = 200 = Z 369 800
Ron = 2 369 800 / 80U = 2963 N
and Rap = 4649 - 2963 =1886 N
We know that B M. at { and B,
My = My =0
BM at C. My = Ry > 200 = [886 »
BM atD, My = Ry = 250 =2963 = 250 = T40 750 N-nun
The bending moment Gagrea for honzental loading is shown i Fig. 14.6 (/).
We know that resulisnt B M. a1 C,

M = M) + (M)t = J(475 x10°) + (377 200)°

606 552 N-mmum

200 =377 200 N-am

and resultatt B M at D ) ! 3 3 : R o 3
My = J(Mpe) + (M) = (4895 x 10°) + (740 730)

= BE7 874 N-mm

Maximum bending momert
The resultant B M. diagram 15 shown in Fig. 14.6 (g). We see that the bending moment 1s

maximum at D, therefore
Maxmuum B M M = M, =87 B74 N-mum Ans
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Diamerer of the shaft
Let @ = Drameter of the shafi
We know that the equivalent twisting moment,

T, = M2 + T2 = J(887 874)° + (700 x10°) = 1131 % 10° N-mm

-~

We also know that equuvalent twisting moment (7))
131 %108 = L ywexd® =L v s0xd® =7864°
. 16 16 i
d* =1131 <10/ 786 =144 x 10° or d =524 say 55 mum Ans.

Q.2. A steel solid shaft transmitting 15 kW at 200 r.p.m. is supported on two bearings 750 mm apart
and has two gears keyed to it. The pinion having 30 teeth of 5 mm module is located 100 mm to the
left of the right hand bearing and delivers power horizontally to the right. The gear having 100 teeth of
5 mm module is located 150 mm to the right of the left hand bearing and receives power in a vertical
direction from below. Using an allowable stress of 54 MPa in shear, determine the diameter of the

shaft.

Solution. Given - P =15kW = 15 x 10 W; N =200 rpm ; 4B = 750 mm ; T, =30;
mp=5mm ; BD=100mm ; 7- =100 ; mc=5mm ; AC= 150 mm ; T = 54 MPa =54 N/mm?
The space diagram of the shaft 1s shown n Fig. 14.8 (a).
We know that the torque transnutted by the shaft,
Px60 15x10° x 60

Si— =716 N-m =716 x 10° N-mm
2n N 27 % 200

The torque diagram 1s shown in Fig. 14.8 (b).

We know that diameter of gear
= No. of teeth on the gear x module

. Radius of gear C,
T Xmg 100X 5

=250 mm

Ro=

and radius of pinion D,
Ip xmp 30X5
Ry = =
2 2 .
Assuming that the torque at C and D 1s same (7.e. 716 x 10° N-mm), therefore tangential force
on the gear C, acting downward,

=75 mm

T _716x10°
—=———=2870N
Re 250
and tangential force on the pinion D, acting horizontally,

T _716x10°
F =

DT Ry 75

Fe=

=9550N
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The vertica! and horizontal load ciagram is shown in Fig. 14.8 (¢) and (@) respectively.

Now let us find the maximum bending moment for vertical and horizontal loading .
First of all, considening the vert:cal loading at C. Let R, and Ry, be the reactions at the bearings

A and B respectively. We know that
Ryt Rgy = 2870 N
Tzking moments about 4, we get
Ry« 750 — 2870 > 150

—
o

Pinion

i
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+
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Ry, = 2870 x 150/ 750= 574N

and Ry = 2870- 574 =2296N

We know that BM. at £ and B,
My = Mgy =0

BM at C. M, =Ry, * 150=2296 x 150 = 344 400 N-mm
BM atD Mpy = Ry ¥ 100 =574 > 100 = 57 400 N-mm
The BM diagram for vertical loading 1s shown i Fig. 14 8 (&)
Now considermg honzontal loadmg at D Let R, - and Ry, be the reactions at the bearmgs A and
B respectively. We know that
Ry +Ryy =9550N
Taking moments about 4, we pet
< 750 550 (750 =100 = 9550 = 650
Rgy = 9550 = 650/ 750=8277 N
Rug =9550-8277=1273 N
We know that BM at {and B
M,y =My, =0
BM at( Meg = Ryg * 150 = 1273 * 150 = 190 950 N-mm
BM atD My = Rgg = 100 = 8277 » 100 =827 700 N-mum
The B .M. dingram for honzontal loadmg 15 shown m Fig 148 (f)
We know that resultant BM ar €

Rpg

Me = (e ¥ = Mea)” = 398 3007 + 190950

Me = JMew ) + (Mcg)™ = /(344 400)° + (190 950)
393 790 N-mm

and resultant B.M. at D,

My = J(Mpy ) +(Mpg)” = (57 400)° + (827 700)’
= 329 6§90 N-tn)

The resultant B.M. diagram is shown i Fig. 14.8 {g). We sce that the bendmg moment 15
maximum at £

v, Maximmum bending moment
M= M’D =829 690 N-1mmn
Let d = Daameter of the shaft

We know that the equivalent twisting moment

T, = \)'_'.{-‘ +T° = J<szp 690)7 + (716 % 10°)? = 1096 x 10° N-mmm
We also know that equavalent twasting moment (T,),

1(%)6 ~ 1“"‘ .!.t.. T d"’ = _.n_ X '5;.‘ x 4’4 = l“ 6 I.f}
16 16
d* = 1006 % 10%10.6 = 103 4 x 10°

d =47 sav 50 mun Ans,




Shafts Subjected to Axial Load in addition to Combined Torsion and Bending Loads:

When the shaft is subjected to an axial load (F) in addition to torsion and bending loads as in
propeller shafts of ships and shafts for driving worm gears, then the stress due to axial load must be
added to the bending stress (ob). We know that bending equation is

M _o My Mxd> nM
I y I T4t nd
64

And stress due to axial load

F _4F

3 ..{For round solid shaff)
T 9 =
Zwd? nd

F ~ 4F
[(gfo}’ - (dr.)‘] T [(dg ) - (dr};]
F i
T (ﬂr{?): (1 _ 'I:-J) (. —G‘r'ﬁ'o)
Resultant stress (tensile or compressive) for solid shaft,
32M 4F 32

Cu = —yin 2 i = [.'M“i'
! nd® mnd- nd

...[ For hollow shaft)

I
4

Fxd) i
3 )

J

32M ' Fxd)
1 ...} Substituting M; =M | A
nd’

In case of a hollow shaft, the resultant stress,
32M | 4F
n(d,) 1-k* =n(d,) 1-k)

B 32 [M4_F¢”j+kﬁ}_ 320,
m(d) (1-k%) 8 n(d,)’ (1-k*)
In case of long shafts (slender shafts) subjected to compressive loads, a factor known as

column factor (o) must be introduced to take the column effect into account.
Therefore, Stress due to the compressive load,

ax4F
e 'J'I(f]

Or
ox4F

n(d,)? -k




The value of column factor (a) for compressive loads* may be obtained from the following
relation :

Column factor,

1

1—0.0044 (L/K)
This expression is used when the slenderness ratio (L / K) is less than 115. When the slenderness
ratio (L / K) is more than 115, then the value of column factor may be obtained from the following
relation:
Column factor, a

o —

o, (L/K)
Cn’ E
Where L = Length of shaft between the bearings,
K = Least radius of gyration,
oy = Compressive yield point stress of shaft material, and
C = Coefficient in Euler's formula depending upon the end conditions. The

following are the different values of C depending upon the end conditions.
C =1, for hinged ends,

= 2.25, for fixed ends,

= 1.6, for ends that are partly restrained as in bearings.
In general, for a hollow shaft subjected to fluctuating torsional and bending load, along with an axial

load, the equations for equivalent twisting moment (T.) and equivalent bending moment (M.) may be
written as

G

7 2 P .
T :J[Kmx.w+a‘pa‘8(l+k )} + (K, xT)

i

£_ X T (d,,)3 a1-ih
16

e

=—x0, (d,) (1-K&Y
It may be noted that for a solid shaft, k=0and do =d  when the shaft carries no axial
load, then F = 0 and when the shaft carries axial tensile load, then a = 1.




Q.3. A hollow shaft is subjected to a maximum torque of 1.5 kN-m and a maximum bending moment
of 3 kN-m. It is subjected, at the same time, to an axial load of 10 kN. Assume that the load is applied
gradually and the ratio of the inner diameter to the outer diameter is 0.5. If the outer diameter of the
shaft is 80 mm, find the shear stress induced in the shaft.

Solution. Given: T=1.5kN-m=1.5x 103 N-m; M =3 kN-m=3x 10> N-m ; F=10kN =

10x 103N ;k=di/do, =0.5;do =80 mm =0.08 m

Let T = Shear stress induced in the shaft.

Since the load is applied gradually, therefore from DDB, we find that Ky, =1.5 ; and Ky = 1.0 We know
that the equivalent twisting moment for a hollow shaft,

aFd, (14+K%) | (A = T

|
T= || Kn XM +

< 110 <107 =008 4+ 0.5 = ‘
« 3x10° + ) '.--.1r,|<~~1>‘;
8 i

= (4500 +125)* + (1500)? = 4862 N-m =4862 * 103 N-mm

We also know that the equivalent twisting moment for a hollow shaft (Te),

4862 x 103 =% x1(d,) A -k = % x 1 (80)° (1 -0.5%) =94 2601
T=4862 x 103/ 94 260 = 51.6 N/mm? = 51.6 MPa Ans.

Q.4. A hollow shaft of 0.5 m outside diameter and 0.3 m inside diameter is used to drive a propeller
of a marine vessel. The shaft is mounted on bearings 6 metre apart and it transmits 5600 kW at 150
r.p.m. The maximum axial propeller thrust is 500 kN and the shaft weighs 70 kN.
Determine:

1. 1.The maximum shear stress developed in the shaft, and

2. 2.The angular twist between the bearings

Solution, Given : d = 05m:d.=03m:P=5600 kW=5600 x 1P W:L=6m:

N=150tpm.: F=S00kN =500 x 10°N; F=T0kN=70 « 1°N
1. Maximum shear stress developed in the shaft
Let t = Maximum shear stress developed in the shaft.
We kuow that the torque transnutted by the shalt,
Px60  5600x 10 x 60

n = 356 460 N-m

27N 2mx 150
and the maximum bending moment,
WxL T0x10°%6
M=——=—""""=5)5)0 Nm
8 §
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Now let us find out the column factor a. We know that least radius of gyration.

=@ - @)']

T 2 2
TL@) -@)]

\/[(doff + (d)11d,)? - (d)]
- 16 [(d,)* - (d)]

1 ) 2 1 2 )
% J@,)? + @) = 3 J©0.57 + (0.3 =0.1458 m
. Slendemess ratio.

L/K =6/0.1458 =41.15
1

and column factor, o= Th
1 - 0.0044 ( = J
K
1 1
T 1-0.0044x41.15 1-0.18
Assuming that the load is applied gradually. therefore from Table 14.2, we find that
K =15andK =10
Also k=d./d,=03/05=0.6

We know that the equivalent twisting moment for a hollow shatt.

=1')‘,

K SN oFd, 1+k)

} (K, xT)*

1.5% 52 500 + + (1x 356 460)°

— 1.22 x 500 x 10° x 0.5 (1 + 0.6%) J

8

=J(78 750 + 51850) + (356 460)° =380 x 10*N-m

We also know that the equivalent twisting moment for a hollow shaft (T).
T 3 n ‘
380 % 10° = =X T(,)’ (1=K =2=xT (05 [1-(0.6)] =0.02¢

T =380 % 10%/0.02 =19 x 10 N/m? = 19 MPa Aus.




Angular twise between the bearings
Let 8 = Angular twist between the bearmgs w radians
We know that the polar moment of mertia for a hollow shatt,

by yoxd  ppad mn ., 4  snand ey
J = — ’(L‘J.) - (d, ) ]—' —[‘05\ —{0.3) | =0.005 34 ny*
2-‘ | [y z: s \
From the torsion equstion.
T Gx0B
— = — _we have
7 L
TxL 386480 x 6

GxJ 84x10° %000 534

g = = (,0048 rad

(Taking G =84 GPa = 84 x 10° N/m?)

180
0.0048 x — =D.275° Ans.
n

Design of Shafts on the basis of Rigidity:

Sometimes the shafts are to be designed on the basis of rigidity. We shall consider the following
two types of rigidity.

1. Torsional rigidity. The torsional rigidity is important in the case of camshaft of an I.C. engine
where the timing of the valves would be affected. The permissible amount of twist should not
exceed 0.25° per metre length of such shafts. For line shafts or transmission shafts, deflections 2.5
to 3 degree per metre length may be used as limiting value. The widely used deflection for the shafts
is limited to 1 degree in a length equal to twenty times the diameter of the shaft. The torsional
deflection may be obtained by using the torsion equation,

G .8 T.L

7T "% U
where
0 = Torsional deflection or angle of twist in radians,
T = Twisting moment or torque on theshaft,
J =Polar moment of inertia of the cross-sectional area about the axis of rotation,
G = Modulus of rigidity for the shaft material, and
L = Length of the shaft.

2.Lateral rigidity. It is important in case of transmission shafting and shafts running at high speed,
where small lateral deflection would cause huge out-of-balance forces.

The lateral rigidity is also important for maintaining proper bearing clearances and for correct gear
teeth alighment. If the shaft is of uniform cross-section, then the lateral deflection of a shaft may be
obtained by using the deflection formulae as in Strength of Materials. But when the shaft is of
variable cross-section, then the lateral deflection may be determined from the fundamental
equation for the elastic curve of a beam, i.e.

dy M

dx> ET




Q.5. A steel spindle transmits 4 kW at 800 r.p.m. The angular deflection should not exceed 0.25° per
metre of the spindle. If the modulus of rigidity for the material of the spindle is 84 GPa, find the
diameter of the spindle and the shear stress induced in the spindle.

-

— =0.00441ad ;

0.25 x—
180

L=1m=1000mmn;:G=84 GPa=84 « 10° Nim* =84 =~ 10" N 2
Dinmeter of the spindle
Let d = Diameter of the spindle m mm
We know that the torque transmutted by the spidle
Px 60 4000 x ¢0 ) i
= ARl X S w800 47.74 N-m = 47 740 N-mum
2 ' ) T 3 Gx@8 e T %l
We also know tha ey or J= R
47 740 x 1000 -
8410 x 00044 -0 10
d* =120167 «32/m=13> 10° or d=3387 say 35 mm Ans,

T

Shear stress induced in the spindle
Let t = Shear stress mduced m the spindle.

We know that the rorque wransputted by the spidle (1),

n 3 bl | 3
17740 = —xtxd =—x1(35) =84201
16 16

t =47 740/ 8420 =567 N/mm® = §.67 MPa Ans




Q.6. Compare the weight, strength and stiffness of a hollow shaft of the same external
diameter as that of solid shaft. The inside diameter of the hollow shaft being half the external

diameter. Both the shafts have the same material and length.

Solution. Given : do =d: di. = n’g 2 or k= dr. n’e =1/2=0.5
Comparison of weight

We know that weight of a hollow shaft,

. = Cross=sectionnl mea # Length » Density
B , )
T

4

[(d,* = (d)* ] * Length » Density
and weight of the sohid shaft.

W, ::— % d* % Length * Density

<

{17}

Since both the shafts have the same material and length, therefore by dividhng equation () by

equation (/). we get

Wy (d, 1P= ljd,l“ " (do'l? =V A
We d’ (d,)
‘d I'? 3 .3 B
=t = ] k=T = {05)=0.75 Ans.
{d,);

Comparison of strength
We know that strength of the hollow <haft.

1 L 3 4y
1!’_: = :Ta > L'..({c) {1 - 4‘. )

and strength of the solid shaft,

n 3
TS = ——XTK d’
]
Dividing equation (i77) by equation (7v). we get

i (d,) 1—%")

I d’

Coniparison of stiffness

We know that stiffness

-, Stiffness of a hollow shaft

-~

Oy =

and stiffness of a solid shaft.

(rd=d)
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Dividing equation (v) by equation (vi)., we get

Sy _ @) -() @) -@) | (@)

Ss d* @
=1-k*=1-(0.5*=0.9375 Ans.

Design of keys:

A key is a piece of mild steel inserted between the shaft and hub or boss of the pulley to connect these
together in order to prevent relative motion between them. It is always inserted parallel to the axis of the
shaft. Keys are used as temporary fastenings and are subjected to considerable crushing and shearing stresses.
A keyway is a slot or recess in a shaft and hub of the pulley to accommodate a key.

Types of Keys
The following types of keys are important from the subject point of view :

1. Sunk keys,

2. Saddle keys,

3. Tangent keys,

4. Round keys, and
5. Splines.

Sunk Keys:

The sunk keys are provided half in the keyway of the shaft and half in the keyway of the hub or boss
of the pulley. The sunk keys are of the following types :
1. Rectangular sunk key.
A rectangular sunk key is shown in Fig. The usual proportions of this key are :
Width of key, w=d /4 ; and
thickness of key,t=2w/3=d/6
where d = Diameter of the shaft or diameter of the hole in the hub.
The key has taper 1 in 100 on the top side only.

/— Taper 1 : 100

Fig. Sunk Key

Page 4/} of 88



2. Square sunk key. The only difference between a rectangular sunk key and a square sunk
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key is that its width and thickness are equal,i.e.w=t=d/ 4

3. Parallel sunk key. The parallel sunk keys may be of rectangular or square section uniform in
width and thickness throughout. It may be noted that a parallel key is a taper less and is used
where the pulley, gear or other mating piece is required to slide along the shaft.

4. Gib-head key. It is a rectangular sunk key with a head at one end known as gib head.

Itis usually provided to facilitate the removal of key. A gib head key is shown in Fig.

Gib head key

_/ )
Taper 1:100 0
\ f//, iy

A
LEE

g _I_/

J 7 jf:j/z/{
Shaft ,,,"/f/’/’

Iy
LIS
A

(h)

Fig. Gib head key and its use
The usual proportions of the gib head key are:
Width,w=d /4 ; and
thickness at largeend, t=2w /3 =d /6.

5. Feather key. A key attached to one member of a pair and which permits relative axial
movement is known as feather key. It is a special type of parallel key which transmits a
turning moment and also permits axial movement. It is fastened either to the shaft or hub, the
key being a sliding fit in the key way of the moving piece.

Feather keys —

Fig. Feather Keys

6. Woodruff key.
The woodruff key is an easily adjustable key. It is a piece from a cylindrical disc having segmental

cross-section. A woodruff key is capable of tilting in a recess milled out in the shaft by a cutter having




the same curvature as the disc from which the key is made. This key is largely used in machine tool
and automobile construction.




T///7/7//|> i a

Fig. Woodruff Key
The main advantages of a woodruff key are as follows:
1. It accommodates itself to any taper in the hub or boss of the mating piece.
2. Itis useful on tapering shaft ends. Its extra depth in the shaft prevents any tendency to turn
over in its keyway.
The disadvantages are:
1. The depth of the keyway weakens the shaft
2. It can not be used as a feather.

Saddle keys:
A saddle keys are of the following types
1.flat saddle key

2. hollow saddle key

— Hollow saddle key




A flat saddle key is a type of key which fits in the hub and is flat on the shaft as shown in fig. It
is likely to slip round the shaft under load. Therefore it is used for comparatively light loads.
A hollow saddle key is a taper key which fits in a keyway in the hub and the bottom of the key
is shaped to fit the curved surface of the shaft. Since hollow saddle keys hold on by friction,
therefore these are suitable for light loads. It is usually used as a temporary fastening in fixing
and setting eccentrics, cams etc.

Tangent Keys
The tangent keys are fitted in pair at right angles as shown in Fig. Each key is to withstand
torsion in one direction only. These are used in large heavy duty shafts.

Round Keys
The round keys, as shown in Fig. (a) are circular in section and fit into holes drilled partly in
the shaft and partly in the hub. They have the advantage that their keyways may be drilled
and reamed after the mating parts have been assembled. Round keys are usually considered
to be most appropriate for low power drives.

/.—Round key- \ Tapered pin—__ L

Stresses in Keys:
Forces acting on a Sunk Key
When a key is used in transmitting torque from a shaft to a rotor or hub, the following two
types of forces act on the key:
1. Forces (F1) due to fit of the key in its keyway, as in a tight fitting straight key or in a
tapered key driven in place. These forces produce compressive stresses in the key which are
difficult to determine in magnitude.
2. Forces (F) due to the torque transmitted by the shaft. These forces produce shearing and
compressive (or crushing) stresses in the key.
The forces acting on a key for a clockwise torque being transmitted from a shaft to a hub are
shown in Fig.
In designing a key, forces due to fit of the key are neglected and it is assumed that the
distribution of forces along the length of key is uniform.

Shaft— F
J

S p—
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Strength of a Sunk Key
A key connecting the shaft and hub is shown in Fig.
Let
T =Torque transmitted by the shaft,
F = Tangential force acting at the circumference of the shaft,
d = Diameter of shaft,
| = Length of key,
w = Width of key.
t = Thickness of key, and
T and oc = Shear and crushing stresses for the material of key.
A little consideration will show that due to the power transmitted by the shaft, the key may

fail due to shearing or crushing. Considering shearing of the key, the tangential shearing force
acting at the circumference of the shaft,

F = Area resisting shearing x Shear stress =1 xw x t
Therefore, Torque transmitted by the shaft,

T=F><g:1xwx1:><% x4

Considering crushing of the key, the tangential crushing force acting at the circumference of
the shaft,

F = Area resisting crushing x Crushing stress

; T
=4XE><'UC

Therefore, Torque transmitted by the shaft,
e

T = FXEZ.’X—IXG{.X—
2 2 2

The key is equally strong in shearing and crushing, if

F»«:u'xrx—_fx—xccx;

The permissible crushing stress for the usual key material is at least twice the permissible shearing
stress. Therefore from the above equation, we have w = t. In other words, a square key is equally
strong in shearing and crushing.

In order to find the length of the key to transmit full power of the shaft, the shearing strength of the key
is equal to the torsional shear strength of the shaft. We know that the shearing strength of key,

_Ixwxxd
T=IXWwXTX—




And torsional shear strength of the shaft,

T 2
= —xmxd
16

From the above

: d n 3
IXWXTX— = —XT Xd’
2 16

n Td md T T
_—xT =TT o1 571dx L
8 wx1T 2 T T

When the key material is same as that of the shaft, then t=11. So, | =1.571 d.

DESIGN OF CLOSED COIL HELICAL SPRING

Spring:

Spring is defined as an elastic machine element (flexible element) that deflects under the action of load
and returns to its original shape when load is removed.

Important functions and applications of spring :

1. Springs are used to absorb shocks and vibrations eg: vehicle suspension springs, railway buffers to
control energy, buffer springs in elevators and vibration mounts for machinery.

2. Measuring forces : Spring balances, gages

3. Storing of energy in clocks ,toys ,novie cameras, circuit breakers ,starters

4. Springs are used to apply force and control motion.

Commonly used spring materials :

One of the important considerations in spring design is the choice of the spring material. Some of the
common spring materials are given below.

Hard-drawn wire: This is cold drawn, cheapest spring steel. Normally used for low stress and static load.
The material is not suitable at subzero temperatures or at temperatures above 120 ° C.

Oil-tempered wire:

It is a cold drawn, quenched, tempered, and general purpose spring steel. However, it is not suitable for
fatigue or sudden loads, at subzero temperatures and at temperatures above 180 ° C. When we go for
highly stressed conditions then alloy steels are useful.

Chrome Vanadium:

This alloy spring steel is used for high stress conditions and at high temperature up to 220 ° C. It is good
for fatigue resistance and long endurance for shock and impact loads.

Chrome Silicon:

This material can be used for highly stressed springs. It offers excellent service for long life, shock
loading and for temperature up to 250 ° C.

Music wire:

This spring material is most widely used for small springs. It is the toughest and has highest tensile
strength and can withstand repeated loading at high stresses. However, it can not be used at subzero
temperatures or at temperatures above 120 ° C. Normally when we talk about springs we will find that
the music wire is a common choice for springs.

Stainless steel:

Widely used alloy spring materials.

Phosphor Bronze / Spring Brass:
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It has good corrosion resistance and electrical conductivity. That’s the reason it is commonly used for
contacts in electrical switches. Spring brass can be used at subzero temperatures.

Helical spring:

I'ree lesigeth

Compiressed
Length

| =
1
-
;
= =
&
T
' -
-

Congpressed

|
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A closed coiled Helical spring is also known as tension or extension spring because the wire undergoes
torsion. Here, the torsional stress is extremely high. It is caused by the twisting of the spring. It also
mitigates any bending stress. If the helix is said to lie in a plane, then the turns of the spring are at right
angles to the axis of the helix. This is possible because the springs are wound very tightly.

TERMSUSEDINCOMPRESSIONSPRING:

SOLID LENGTH:

When the compression spring is compressed until the coils come in contact with each other, then the
spring is said to be solid. The solid length of a spring is the product of total number of coils and the
diameter of the wire.

Mathematically, Solid length of the spring,

Lo =n'd
Where, n’= total number of coils

d= diameter of the wire
FREE LENGTH:
The free length of a compression spring, as shown in Fig., is the length of the spring in the free or
unloaded condition. It is equal to the solid length plus the maximum deflection or compression of the
spring and the clearance between the adjacent coils (when fully compressed).

Mathematically,

V'id+ 06 +0158
nr =

Spring index:
The spring index is defined as the ratio of the mean diameter of the coil to the diameter of the wire.

Mathematically,

Springindex,C=D/d
Where, D = Mean diameter of the coil, and d = Diameter of the wire.
Spring rate:
The spring rate (or stiffness or spring constant) is defined as the load required per unit deflection of the
spring.
Mathematically,
Spring rate, k=W / &
Where, W = Load, and 6 = Deflection of the spring.
PITCH:
The pitch of the coil is defined as the axial distance between adjacent coils in uncompressed state.
Mathematically,

: : Free length
Pitch of the coil. p= ;—1‘
H —_

The pitch of the coil may also be obtained by using the following relation, i e.

= e B

H

Pitch of the coil, p=

Where, L = Free length of the spring,
Ls = Solid length of the spring,
n' = Total number of coils, and
d = Diameter of the wire.
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STRESSES IN HELICAL SPRING :
Consider a helical compression spring made of circular wire and subjected to an axial load W, as shown
in Fig.
Let D = Mean diameter of the spring coil,
d = Diameter of the spring wire,
n = Number of active coils,
G = Modulus of rigidity for the spring material,
W = Axial load on the spring,
T = Maximum shear stress induced in the wire,
C =Spring index = D/d,
p = Pitch of the coils, and
6 = Deflection of the spring, as a result of an axial load W.

'
i
-

F— —

i

]

|

I
W +
- {) ,| Py
W

[}

W) Axsally Toaded helical spring o} Froe hody agram shawing sl wire
Is subjected 10 torsional shear and a

iroct shoor

Now consider a part of the compression spring as shown in Fig (b).
The load W tends to rotate the wire due to the twisting moment (T ) set up in the wire.
Thus torsional shear stress is induced in the wire. A little consideration will show that part of the spring,
as shown in Fig (b), is in equilibrium under the action of two forces W and the twisting moment T.
We know that the twisting moment,
T H’xgzixrler‘j
2 16

8W.D

T 1
1 md-

The torsional shear stress diagram is shown in Fig (a).
In addition to the torsional shear stress (11) induced in the wire, the following stresses also act on the
wire :
1. Direct shear stress due to the load W, and
2. Stress due to curvature of wire
We know that doect chear stress due to the load 7

= Load

-

Cross-sectional area of the wire

n 40

o
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The direct shear stress diagram is shown in Fig. (b) and the resultant diagram of torsional shear stress
and direct shear stress is shown in Fig (c).
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' ) 2 | |
."

s

J
) Toeslonal shoar stross dlagram () Dirvct shwar stress diagram

A
1

1] i
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{) Resultant tomsional shear and direct [} Resultant torslonal shear, tirect shear
Shear stress Hagram 201! Curvalore shear siress diagrim

We know that the resultant shear stress mduced 1 the wire,
= SWD 4W

 r— tl '.t I’ - - I 3
» ‘ 79 1
Ra Ra’
The positive sign 15 used for the mner edge of the wire and negative sign 15 used for the outes
edge of the wire. Since the stress 15 maximum at the mner edge of the wire, therefore

Maximum shear stress mduced mn the wire,
= Torsional shear stress + Direct shear stress
SWD 4W SWD| 1 d
= - — | 1P =

-

3 ¥ '3 '
td” =xd* =xd’\ 2D
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)
.. (Substituting D/d = C)

= 1
where K = Shear stress factor= 1 + =

(8WD 1)
From the above equation, 1t can be observed that the effect of direct shear | . s 2C | 15

appreciable for springs of small spring index C. Also we have neglected the effect of wire curvature
1 equation (717). It may be noted that when the springs are subjected to static loads, the effect of wire
curvature may be neglected. because yielding of the material will relieve the stresses.

In order to consider the effects of both direct shear as well as curvature of the wire, a Wahl's
stress factor (K) introduced by A M. Wahl may be used. The resultant diagram of torsional shear.
direct shear and curvature shear stress 1s shown 1 Fig. 23.11 (d).

. Maximum shear stress induced 1n the wire.

-KXSW.D:KXSW'?
rd’ nd-
4C-1 0615
+

" 404 C

where

The values of K for a given spring index (C) may be obtained from
the graph as shown in Fig.

Steress factor (K) —

5 6 7 8
—— Spring index (C) —

The Wahl's stress factor (K) may be considered as composed of two sub-
factors, Ks and Kc, such that

K =Ks x Kc

where Ks = Stress factor due to shear, and

Kc = Stress concentration factor due to curvature.
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DEFLECTION OF HELICAL SPRING OF CIRCULAR WIRE:

The equation of torsion is % = (:’B 5

¥

B = angle of twist in radians. For small angle, tan 8 = 8 - R and { = length of wire = (7t i)).4

('F.f-’ = G--[;:I;R) & = 6 x(length of bracket)
[“" ) ‘ 8x(D/2)

32

Substituting,

F~Dx32xlr:D-D

Deflection » —
nd G

_8FDY% _ BFC ( o Q)
Gd* Gid i d
Knowing the deflection for a given load, one can easily estimate the no. of active turns requires
using
vGd*? yGd

FE— =

REDY RECH

Deflection in helical spring

i : number of active coils

Deflection in a helical spring,§ F: Axial force

D: Mean diameter of coil
y = 8":"? G: Modulus of rigidity
- D: diameter of spring wire
F : spring stiffness ,spring
rate

Design parameter (spring rate or stiffness)

F Gd*
Fo & = e

v 8D'1
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SURGE IN SPRING:

When one end of a helical spring is resting on a rigid support and the other end is loaded suddenly, then
all the coils of the spring will not suddenly deflect equally, because some time is required for the
propagation of stress along the spring wire.

In the beginning, the end coils of the spring in contact with the applied load take up whole of the
deflection and then it transmits a large part of its deflection to the adjacent coils.

In this way, a wave of compression propagates through the coils to the supported end from where it is
reflected back to the deflected end.

This wave of compression travels along the spring indefinitely.

If the applied load is of fluctuating type as in the case of valve spring in internal combustion engines
and if the time interval between the load applications is equal to the time required for the wave to
travel from one end to the other end, then resonance will occur.

This results in very large deflections of the coils and correspondingly very high stresses.

Under these conditions, it is just possible that the spring may fail. This phenomenon is called surge.

NUMERICALS:

Q.1. Design a helical spring to support a tensile load of 6 KN and a stiffness of 100 N/mm. The spring
index is 6. The spring is made of steel having allowable stress of 300 MPa. Take G= 80 GPa.

Solution:

F=6000N, F, =100 N/mm= £
"

, F 6000
Deflection y= I = = = 60 mm

100
C =6, T =300 MPa, G=80x 10" MPa
- 8FCK
Step 1. Shear stress T = —
nd”
g=3C-1 0615 _4x6-1 0615 _
4C -4 G 4x6-4 6

_ 8x 6000 x 6x 12525

- = d=19.56 = 20 mm
rd~

Step 2. Mean coil dia D =Cd=6x%20=120 mm
Inside dia of coil =D-d=120-20= 100 mm
Outside dia of coil =D+d=120+20= 140 mm

_8FDY 8% 6000%120° xi

Step 3. Deflection
; Gd* 80 % 10° x 20°

=060

No. of active coils i =9.26 = 10 coils
Step 4.  Free length I, =(id)+2D
{assuming no clearance between coils)
[, =10x%20+2 x 120 =440 mm
Step 5. Pitch p=d=20mm
= P s _F
Step 6. Stiffness F, = — =100 N'mm

)
Step 7. Length of wire =n Di'=r D(i + 2)
o =% 120(10 +2)=4523.9 mm
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Q.2. A helical spring of wire diameter 6mm and spring index 6 is acted by an initial load of 800N. After
compressing it further by 10mm the stress in the wire is 500MPa. Find the number of active coils. G =
84000MPa.
Solution:
D = Spring index (C) x d = 36mm

Tmax = (Kw) X (8FD / Nd?)
Kw = (4C-1/4C-4) +(0.615/ C) = 1.2525

Or

500=1.2525 x (8F x 36/ m x F)

Therefore F=940.86 N

K=F/&
=(940.6 - 800) / 10
=14 N/mm
K = (Gd*) / (8D*N)
Or
N = (Gd*) / (K8D*N)
=(84000x 6% /14x8x3x6°
=21 turns.

Q.3. A close coiled helical spring is made of 5 mm diameter wire. It is made up of 30 coils, each of mean
diameter 75 mm. If the maximum stress in the spring is not to exceed 200 MPa, then determine (a) the
proof load (b) the extension of the spring when carrying this load. Take G = 80 GPa.

Solution:

Here, we have d =5 mm

n=30
D=75mm,R=37.5mm
(fs)max = 200 MPa

G =80GPa

Thus, proof load

Deflection

64 %131 x(37.5)° x 30

Ry = 265.5 mm
(80 x 107) (5)

8
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Q.4. A helical spring in which the slope of the helix may be assumed small, is required to transmit a
maximum pull of 1 kN and to extend 10 mm for 200 N load. If the mean diameter of the coil is to be the
80 mm, find the suitable diameter for the wire and number of coils required. Take G = 80 GPa and
allowable shear stress as 100 MPa.

Solutlon
8WD
nd
i 8WD =5 8 x 1000 x 80
nfs nx 100
Here, we have W=1000 N D = 80 mm
fs=100 MPa
.. Diameter of spring wire = 12,68 mm,
Now & = 10 mm for W= 200 N.

~. Spring constant, k = ‘g =

Shear stress, fs

= _Z% =2x10* N/m
10
We have, C = 80 GPa

WD’ n

= od

G (80x10%) (12.68)*

e s(v—g']n‘ T 8x20x(80)°

= 25.28
Number of coils required = 25.28 say 26.




Chapter-4

DESIGN OF COUPLING

Shaft Coupling
Shafts are usually available up to 7 meters length due to inconvenience in transport. In order to

have a greater length, it becomes necessary to join two or more pieces of the shaft by means of a
coupling.
Shaft couplings are used in machinery for several purposes, the most common of which are the
following:

1. To provide for the connection of shafts of units those are manufactured separately such

as a motor and generator and to provide for disconnection for repairs or alternations.

2. To provide for misalignment of the shafts or to introduce mechanical flexibility.

3. Toreduce the transmission of shock loads from one shaft to another.

4. Tointroduce protection against overloads.

5. It should have no projecting parts.
Types of Shafts Couplings
Shaft couplings are divided into two main groups as follows:
1. Rigid coupling. Itis used to connect two shafts which are perfectly aligned. Following types of

rigid coupling are important from the subject point of view:
(a) Sleeve or muff coupling.
(b)Clamp or split-muff or compression coupling, and
(c) Flange coupling.
2. Flexible coupling. It is used to connect two shafts having both lateral and angular misalignment.
Following types of flexible coupling are important from the subject point of view:

(a) Bushed pin type coupling,
(b)Universal coupling, and
(c) Oldham coupling.
Sleeve or Muff-coupling
It is the simplest type of rigid coupling, made of cast iron. It consists of a hollow cylinder whose
inner diameter is the same as that of the shaft. It is fitted over the ends of the two shafts by
means of a gib head key, as shown in Fig. The power is transmitted from one shaft to the other
shaft by means of a key and a sleeve. It is, therefore, necessary that all the elements must be
strong enough to transmit the torque. The usual proportions of a cast iron sleeve coupling are as
follows:
Outer diameter of the sleeve, D =2d + 13 mm

And length of the sleeve,

L=3.5d

Where , d = diameter of the shaft.

In designing a sleeve or muff-coupling, the following procedure may be adopted.

Muil
Key




1. Design for sleeve
The sleeve is designed by considering it as a hollow shaft
Let T=Torqgue to be transmitted by the coupling,
and
T. = Permissible shear stress for the material of the sleeve which is cast iron.
The safe value of shear stress for cast iron may be taken as 14 MPa.
We know that torque transmitted by a hollow section,

{4 43
7= Zxe, u‘:EXTCXD’ a- &4 (- k=dD)
16 | D /16
From this expression, the induced shear stress in the sleeve may be checked.
2. Design for key
The key for the coupling may be designed in the similar way as discussed in Unit-5. The width
and thickness of the coupling key is obtained from the proportions. The length of the coupling
key is at least equal to the length of the sleeve (i.e. 3.5 d). The coupling key is usually made

into two parts so that the length of the key in each shaft,

T _ —
| =

L 35d
2

After fixing the length of key in each shaft, the induced shearing and crushing stresses may
be checked. We know that torque transmitted,

T=IXWXTX ; ... (Considering sheaning of the key)

.. (Considering crushing of the key)

a
2

, I
= 'XTXGC'K

Note: The depth of the keyway in each of the shafts to be connected should be exactly the same and the
diameters should also be same. If these conditions are not satisfied, then the key will be bedded on one
shaft while in the other it will be loose. In order to prevent this, the key is made in two parts which may be
driven from the same end for each shaft or they may be driven from opposite ends.




Q.1. Design and make a neat dimensioned sketch of a muff coupling which is used to connect two steel
shafts transmitting 40 kW at 350 r.p.m. The material for the shafts and key is plain carbon steel for
which allowable shear and crushing stresses may be taken as 40 MPa and 80 MPa respectively. The
material for the muff is cast iron for which the allowable shear stress may be assumed as 15 MPa.

Solution:

Given: P =40 kW =40 x 10* W; N =350 r.p.m.; Ts = 40 MPa = 40 N/mm2; o = 80 MPa =

80 N/mm?; o = 15 MPa = 15 N/mm?.

Px 6l 10 = 107 = o0

X ; 00 N~
P=2aN Inxase —ooone

1100 107 N-mm

We also know that the torque transmitted (7).

T 3 L ; 3
1100 x 103 =— X 1. Xd° =—><4O><d3=7.860"
16 - 1¢

d> =1100 » 10%/7.86 = 140 x 10° or d =52 say 55 mm Ans.

2. Design for sleeve
We know that outer diameter of the muff,
D=2d+13mm=2x55+13=123 say 125 mm Ans.
and length of the muff,
L=3.5d=3.5x55=192.5say 195 mm Ans.
Let us now check the induced shear stress in the muff. Let t. be the induced shear
stress in the muff which is made of cast iron. Since the muff is considered to be a
hollow shaft, therefore the torque transmitted (T),

o2 T [ D* —a* T | (123)
1100 « 10° = —x71, | —— |=— 1.

16 D & ] 125

i 4

(55)

' = 2.97 N/mm°

Since the induced shear stress in the muff (cast iron) is less than the permissible shear
stress of 15 N/mm?2, therefore the design of muff is safe.
3. Design for key

From Design data Book, we find that for a shaft of 55 mm diameter,

Width of key, w =18 mm Ans.
Since the crushing stress for the key material is twice the shearing stress, therefore a
square key may be used.
Then, Thickness of key, t =w = 18 mm Ans.
We know that length of key in each shaft,
I=L/2=195/2=97.5 mm Ans.
Let us now check the induced shear and crushing stresses in the key. First of all, let
us consider shearing of the key.
We know that torque transmitted (T),

i a ) b A
I XWXt X—=078 %18 X1 »
, ;

= 1100 « 197/ 482 « 10° = 22 8 N/mm




Now considering crushing of the key. We know that torque transmitted (7),

. T d____. 18 55 .
1100 X 10° = IX =X 0, X —==975X—X 0, X— =241%10 G,

G — 1100 = 10°/ 24.1 = 10* — 45.6 N/mm’

Since the induced shear and crushing stresses are less than the permissible stresses,
therefore the design of key is safe.
Clamp or Compression Coupling or split muff coupling
It is also known as split muff coupling. In this case, the muff or sleeve is made into two halves
and are bolted together as shown in Fig. The halves of the muff are made of cast iron.

The shaft ends are made to a butt each other and a single key is fitted directly in the
keyways of both the shafts. One-half of the muff is fixed from below and the other half is placed
from above. Both the halves are held together by means of mild steel studs or bolts and nuts.
The number of bolts may be two, four or six. The nuts are recessed into the bodies of the muff
castings.

This coupling may be used for heavy duty and moderate speeds. The advantage of this
coupling is that the position of the shafts need not be changed for assembling or disassembling
of the coupling.

The usual proportions of the muff for the clamp or compression coupling are:
Diameter of the muff or sleeve, D=2d + 13 mm
Length of the muff or sleeve, L=3.5d
Where d = Diameter of the shaft.

In the clamp or compression coupling, the power is transmitted from one shaft to the
other by means of key and the friction between the muff and shaft. In designing this type of
coupling, the following procedure may be adopted.

Muff

Stud va

7% - Key

111

|
|

|
|

|
1
|

- rf—bl

“

. Design of muff and key

The muff and key are designed in the similar way as discussed in muff coupling.
. Design of clamping bolts

Let T = Torque transmitted by the shaft,

d = Diameter of shaft,

dy = Root or effective diameter of bolt,

n = Number of bolts,

o: = Permissible tensile stress for bolt material,

u = Coefficient of friction between the muff and shaft, and

L = Length of muff.




We know that the force exerted by each bolt
T 7
= I l:tfb ) G,

Then, Force exerted by the bolts on each side of the shaft

T ' H

Let p be the pressure on the shaft and the muff surface due to the force, then for
uniform pressure distribution over the surface,

T " f

J— - . X N

Force 4 (dy)" o, -

Lxd

P = Projected area 1

Then, Frictional force between each shaft and muff,

1
F = x pressure x area = [t X p X —X nd X L

n 2 n
]{db} O X3

LL X — X —nd XL
Lxd -

2

b1 2 H m )
_L{xi[(fb_rcr_,xjxn:_ux?{db}‘cr X R

7 p )

2 d w 2
(dy) O, xnX—=—XxXun(d,) o, xnxd
8 2 16

T

And the torque that can be transmitted by the coupling,
From this relation, the root diameter of the bolt (dy) may be evaluated.

Flange Coupling
A flange coupling usually applies to a coupling having two separate cast iron flanges. Each
flange is mounted on the shaft end and keyed to it. The faces are turned up at right angle
to the axis of the shaft. One of the flanges has a projected portion and the other flange has
a corresponding recess. This helps to bring the shafts into line and to maintain alignment.
The two flanges are coupled together by means of bolts and nuts. The flange coupling is
adapted to heavy loads and hence it is used on largeshafting.




The flange couplings are of the following three types:

1. Unprotected type flange coupling. In an unprotected type flange coupling, as shown in Fig.1,
each shaft is keyed to the boss of a flange with a counter sunk key and the flanges are coupled

together by means of bolts. Generally, three, four or six bolts are used.
The keys are staggered at right angle along the circumference of the shafts in order to divide
the weakening effect caused by keyways.

o Flangs

Fig.1 Unprotected Type Flange Coupling.

The usual proportions for an unprotected type cast iron flange couplings, as
shown in Fig.1, are as follows:
If d is the diameter of the shaft or inner diameter of the hub, then
Outside diameter of hub, D=2d

Length of hub,L=1.5d

Pitch circle diameter of bolts, D; = 3d
Outside diameter of flange,

D2=D1+(D1—D)=2D1—D=4d
Thickness of flange, tr=0.5d

Number of bolt =3, for d upto 40 mm
=4, for d upto 100 mm

=6, for d upto 180 mm




2. Protected type flange coupling. In a protected type flange coupling, as shown in
Fig.2, the protruding bolts and nuts are protected by flanges on the two halves of the
coupling, in order to avoid danger to the workman. The thickness of the protective
circumferential flange (t,) is taken as 0.25 d. The other proportions of the coupling are

same as for unprotected type flange coupling.

Fig.2. Protected Type Flange Coupling.

3. Marine type flange coupling. In a marine type flange coupling, the flanges are forged

integral with the shafts as shown in Fig.3.

'
Fig.3. Solid Flange Coupling or Marine Type flange coupling.




The flanges are held together by means of tapered headless bolts, numbering from
four to twelve depending upon the diameter of shaft. The other proportions for the
marine type flange coupling are taken as follows:

Thickness of flange =d /

3 Taper of bolt =1in 20

tolin40

Pitch circle diameter of bolts, D; = 1.6

d Outside diameter of flange, D, = 2.2

d

Design of Flange Coupling

Let d = Diameter of shaft or inner diameter of
hub,
D = Outer diameter of hub,
D1 = Nominal or outside diameter of
bolt, D; = Diameter of bolt circle,
n = Number of bolts,
tr=Thickness of flange,
T, Tv and T = Allowable shear stress for shaft, bolt and key material respectively
T. = Allowable shear stress for the flange materiali.e. cast iron,
O, and o« = Allowable crushing stress for bolt and key material respectively.
The flange coupling is designed as discussed below:
1. Design for hub
The hub is designed by considering it as a hollow shaft, transmitting the same
torque (T) as that of a solid shaft.
The outer diameter of hub is usually taken as twice the diameter of shaft. Therefore
: | D*-d* |
T= X% |——|
16 \ D /
from the above relation, the induced shearing stress in the hub may be checked.
The length of hub (L) is taken as 1.5 d.
2. Design for key
The key is designed with usual proportions and then checked for shearing and
crushing stresses. The material of key is usually the same as that of shaft. The length
of key is taken equal to the length of hub.
3. Design for flange

The flange at the junction of the hub is under shear while transmitting the torque.
Therefore, the torque transmitted,
T = Circumference of hub x Thickness of flange x Shear stress of flange x
Radius of hub

D mnD°
=TEDXTf><T{.>< = ><Tf><fl|r'
o "] -} = -

The thickness of flange is usually taken as half the diameter of shaft. Therefore from
the above relation, the induced shearing stress in the flange may be checked.




4. Design for bolts
The bolts are subjected to shear stress due to the torque transmitted. The number of
bolts (n) depends upon the diameter of shaft and the pitch circle diameter of bolts
(D) is taken as 3 d. We know that

Load on each bolt

m 2
= 2 (d)" T,

Then, Total load on all the bolts

Andtorquetransmitted,

i D
T=—(d) 1, xnx—L
4 )

From this equation, the diameter of bolt (d1) may be obtained. Now the diameter of
bolt may be checked in crushing.

We know that area resisting crushing of all the bolts

=n x dix tr And crushing strength of all the bolts = (n x d1 X t¢ ) O

Torque,

D,

"

T=Mmxd »txc,)
. ¢

From this equation, the induced crushing stress in the bolts may be checked.

Q.2. Design a cast iron protective type flange coupling to transmit 15 kW at 900 r.p.m.
from an electric motor to a compressor. The service factor may be assumed as 1.35. The
following permissible stresses may be used :

Shear stress for shaft, bolt and key material = 40 MPa

Crushing stress for bolt and key = 80 MPa

Shear stress for cast iron =8 MPa

Solution. Given: P =15 kW = 15 x 103 W; N =900 r.p.m. ; Service factor =1.35; T = Tp = T
=40 MPa =40 N/mm?; 6w = 0« = 80 MPa =80 N/mm?;t.=8 MPa=8
N/mm?2. The protective type flange coupling is designed as discussed
below:
1. Design for hub
First of all, let us find the diameter of the shaft (d). We know that the torque
transmitted by the shaft,
Px 60 15x10° x 60 o 12
= = = 15Q -
T="aN  2mxo00 13N
Since the service factor is 1.35, therefore the maximum torque transmitted by the shaft, Tmax
=1.35x%159.13 =215 N-m = 215 x 103 N-mm
We know that the torque transmitted by the shaft (T),

786d-

or d=30.1say 35 mm Ans.




We know that outer diameter of the hub,

D=2d=2x35=70mm Ans.
And length of hub, L=1.5d =1.5x35=52.5 mm Ans.
Let us now check the induced shear stress for the hub material which is cast iron.
Considering the hub as a hollow shaft. We know that the maximum torque
transmitted (Tmax).

215 - 18

Then, t. =215 x 103/63 147 = 3.4 N/mm2 = 3.4 MPa
Since the induced shear stress for the hub material (i.e. castiron) is less than the
permissible value of 8 MPa, therefore the design of hub is safe.

Design for key

Since the crushing stress for the key material is twice its shear stress (i.e. o« = 21«),
therefore a square key may be used. From DDB, we find that for a shaft of 35 mm
diameter,

Width of key, w = 12 mm Ans.

And thickness of key, t =w =12 mm Ans.

The length of key (1) is taken equal to the length

of hub. Then, | =L =52.5 mm Ans.

Let us now check the induced stresses in the key by considering it in shearing and
crushing. Considering the key in shearing. We know that the maximum torque
transmitted (Tmax),

3
215 = 103 — Ixwx T, X =525%12IX T X — — 11025 7,

Then, tc=215x 103/11 025 = 19.5 N/mm2 = 19.5 MPa
Considering the key in crushing. We know that the maximum torque transmitted (Tmax),

2 35

) t d 2
215« 103 = thjxn'd XT:‘?EF‘XTXG:A xTz 512565,

T =215x103/5512.5 =39 N/mm? = 39 MPa.

Since the induced shear and crushing stresses in the key are less than the permissible
stresses, therefore the design for key is safe.
2. Design for flange

The thickness of flange (t) is taken as 0.5 d.
Then, t1=0.5d=0.5%x35=17.5mm Ans.

Let us now check the induced shearing stress in the flange by considering the flange
at the junction of the hub in shear.




We know that the maximum torque transmitted (Tmax),

T _-'0
;:1_q>1:|3= - Ktcxrf:—XTcX]_?.ﬁ:lSi?lﬂT

[ =

Tc=215x%103/134 713 =1.6 N/mm2 = 1.6 MPa

Since the induced shear stress in the flange is less than 8 MPa,
therefore the design of flange is safe.
3. Design for bolts

Let d; = Nominal diameter of bolts.

Since the diameter of the shaft is 35 mm, therefore let
us take the number of bolts, n =3 and pitch
circle diameter of bolts,

D1 =3d=3x35=105mm

The bolts are subjected to shear stress due to the torque

transmitted. We know that the maximum torque transmitted

(Tmax)l

(d1)?=215x%103/4950 = 43.43 ord; =6.6 mm
- g
215 x 10 = z a, ) T, XN . S { d,‘o" 40 % 3 » I»(I

2 — =495( (d.y
| 2 4 2
Assuming coarse threads, the nearest standard
size of bolt is M 8. Ans. Other proportions of the
flange are taken asfollows:
Outer diameter of the flange,
D,=4d=4x35=140 mm Ans.

Thickness of the protective circumferential flange,
t,=0.25d =0.25%x35=8.75 say 10 mm Ans.

JOURNAL BEARINGS

1.1 WHY TO STUDY FRICTION, WEAR & LUBRICATION?

Moving parts of every machine is subjected to friction and wear. Friction consumes and wastes
energy. Wear causes changes in dimensions and eventual breakdown of the machine element and the
entire machine. The loss of just a few milligrams of material in the right place, due to wear can cause a
production machine or an automobile to be ready for replacement. If we imagine the amount of
material rendered useless by way of wear, it is startling! Lots of materials ranging from Antimony to
zinc, including titanium, vanadium, iron, carbon, copper, aluminum etc., would be lost. It is therefore
essential to conserve the natural resources through reduction in wear. Lubrication plays a vital role in
our great and complex civilization.

1.2 BEARINGS

A bearing is machine part, which support a moving element and confines its motion. The
supporting member is usually designated as bearing and the supporting member may be journal. Singg
there is a relative motion between the bearing and the moving element, a certain amount of power



must be absorbed in overcoming friction, and if the surface actually touches, there will be a rapid wear.
1.2.1 Classification: Bearings are classified as follows:
1. Depending upon the nature of contact between the working surfaces:-

a) Sliding contact bearings
b) Rolling contact bearings.

a) SLIDING BEARINGS:

e Hydrodynamically lubricated bearings

e Bearings with boundary lubrication

e Bearings with Extreme boundary lubrication.
e Bearings with Hydrostatic lubrication.

D) ROLLING ELEMENT BEARINGS:

= Ball bearings
= Roller bearings
= Needleroller bearings

1. Based on the nature of the load supported:
e Radial bearings - Journal bearings
e Thrust bearings
- Plane thrust bearings
- Thrust bearings with fixed shoes
- Thrust bearings with Pivoted shoes
e Bearings for combined Axial and Radial loads.

JOURNAL BEARING:

It is one, which forms the sleeve around the shaft and supports a bearing at right angles to the axis
of the bearing. The portion of the shaft resting on the sleeve is called the journal. Example of journal
bearings are- Solid bearing , Bushed bearing and Pedestal bearing.

Solid bearing:

A cylindrical hole formed in a cast iron machine member to receive the shaft which makes a
running fit is the simplest type of solid journal bearing. Its rectangular base plate has two holes drilled
in it for bolting down the bearing in its position as shown in the figurel.1. An oil hole is provided at the
top to lubricate the bearing. There is no means of adjustment for wear and the shaft must be
introduced into the bearing endwise. It is therefore used for shafts, which carry light loads and rotate at
moderate speeds.
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Bushed bearing:

It consists of mainly two parts, the cast iron block and bush; the bush is made of soft material
such as brass, bronze or gunmetal. The bush is pressed inside the bore in the cast iron block and is
prevented from rotating or sliding by means of grub- screw as shown if the figure
1.2. When the bush gets worn out it can be easily replaced. Elongated holes in the base are provided
for lateral adjustment.

Pedestal bearing:

It is also called Plummer block. Figure 1.3 shows half sectional front view of the Plummer block.
It consists of cast iron pedestal, phosphor bronze bushes or steps made in two halves and cast iron cap.
A cap by means of two square headed bolts holds the halves of the steps together. The steps are
provided with collars on either side in order to prevent its axial movement. The snug in the bottom
step, which fits into the corresponding hole in the body, prevents the rotation of the steps along with
the shaft. This type of bearing can be placed any where along the shaft length.

Fig 1.3 : Pedestal Bearing

Thrust bearing:

It is used to guide or support the shaft, which is subjected to a load along the axis of the shaft.
Since a thrust bearing operates without a clearance between the conjugate parts, an adequate supply
of oil to the rubbing surfaces is extremely important. Bearings designed to carry heavy thrust loads may
be broadly classified in to two groups-

FOOT STEP BEARING, AND COLLAR BEARING

Footstep bearing: Footstep bearings are used to support the lower end of the vertical shafts. A
simple form of such bearing is shown in fig 1.4. It consists of cast iron block into which a gunmetal bush
is fitted. The bush is prevented from rotating by the snug provided at its neck. The shaft rests on



concave hardened steel disc. This disc is prevented from rotating along with the shaft by means of pin
provided at the bottom.
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Fig:1.4 Foot step Bearing

Collar bearing:

The simple type of thrust bearing for horizontal shafts consists of one or more collars cut
integral with the shaft as shown in fig.1.5. These collars engage with corresponding bearing surfaces in
the thrust block. This type of bearing is used if the load would be too great for a step bearing, or if a
thrust must be taken at some distance from the end of the shaft. Such bearings may be oiled by
reservoirs at the top of the bearings.

Collars
Qil hole
Collar
Thrust Thrust
7
/ =— Block
Single collar bearing Multi collar bearing

Fig.1.5 Collar bearings

Thrust bearings of fixed inclination pad and pivoted pad variety are shown in figure 1.6 a &
b. These are used for carrying axial loads as shown in the diagram. These bearings operate on

hydrodynamic principle.

lF
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Fig.1.6a Fixed-incline-pads thrust bearing Fig.1.6b Pivoted-pads thrust bearing

Rolling contact bearings:

The bearings in which the rolling elements are included are referred to as rolling contact
bearings. Since the rolling friction is very less compared to the sliding friction, such bearings are known
as anti friction bearings.

Ball bearings:

It consists of an inner ring which is mounted on the shaft and an outer ring which is carried by the
housing. The inner ring is grooved on the outer surface called inner race and the outer ring is grooved
on its inner surface called outer race. In between the inner and outer race there are number of steel
balls. A cage pressed steel completes the assembly and provides the means of equally spacing and
holding the balls in place as shown in the figure 1.7. Radial ball bearings are used to carry mainly radial
loads, but they can also carry axial loads.

Cylindrical roller bearings

The simplest form of a cylindrical roller bearing is shown in fig 1.8. It consists of an inner
race, an outer race, and set of roller with a retainer. Due to the line contact between the roller and
the raceways, the roller bearing can carry heavy radial loads.

Tapered roller bearings:

In tapered roller bearings shown in the fig. 1.9, the rollers and the races are all truncated cones
having a common apex on the shaft centre to assure true rolling contact. The tapered roller bearing can
carry heavy radial and axial loads. Such bearings are mounted in pairs so that the two bearings are
opposing each other’s thrust.

1.2.2 ADVANTAGES OF SLIDING CONTACT BEARINGS:

e They can be operated at high speeds.

e They can carry heavy radial loads.

e They have the ability to withstand shock and vibration loads.
e Noiseless operation.

Disadvantages:

e High friction losses during staring.
e More length of the bearing.
e Excessive consumption of the lubricant and high maintenance.

1.2.3 ADVANTAGES ROLLING CONTACT BEARINGS:
e Low starting and less running friction.
e |tcan carry both radial as well as thrust loads.
e Momentary over loads can be carried without failure.
e Shaftalignment is more accurate than in the sliding bearings.

Disadvantages:
More noisy at high speeds. Low
resistance to shock loads. High 65
initial cost.



Finite life due to eventual failure by fatigue
SOLID FRICTION

1. Resistance force for sliding

e Static coefficient of friction

e Kinetic coefficient of friction
Causes

e Surface roughness (asperities)

e Adhesion (bonding between dissimilar materials)
3. Factors influencing friction

e Sliding friction depends on the normal force and frictional
coefficient, independent of the sliding speed and contact area

4. Effect of Friction

* Frictional heat (burns out the bearings)

N

e Wear (loss of material due to cutting action of opposing motion)
5. Engineers control friction

* Increase friction when needed (using rougher surfaces)

e Reduce friction when not needed (lubrication)

The coefficients of friction for different material combinations under different conditions are
given in table 1.1.

TABLE 1.1
COEFFICIENTS OF FRICTION
Material B
Perfectly clean metals in Seizure u>5
vacuum
Clean metals in air 0.8-2
Clean metals in wet air 0.5-1.5
Steel on dry bearing metals 0.1-0.5
(e.g. lead, bronze)
Steel on ceramics 0.1-0.5
Ceramics on ceramics 0.05-0.5
(e.g. carbides on carbides)
Polymers on polymers 0.05-1.0
Metals and ceramics on 0.04-0.5
polymers
(PE, PTFE, PVC)
Boundary lubrication of 0.05-0.2
metals
High-temperature lubricants 0.05-0.2
(MoS,, graphite)
Hydrodynamic lubrication 0.001-0.005

66



1.3 LUBRICATION:
Prevention of metal to metal contact by means of an intervening layer of fluid or fluid like material.
Types of sliding lubrication:

Sliding with Fluid film lubrication.

Sliding with Boundary lubrication.

Sliding with Extreme boundary lubrication.
Sliding with clean surfaces.

1.4 Types of lubricants

e Vegetable or Animal oils like Castor oil, Rapeseed oil, palm oil, Olive oil etc.
e Animal oils like lard oil, tallow oil, whale oil, etc.
e Mineral oils-petroleum based- Paraffinic and Naphthenic based oils

Properties of lubricants

Availability in wide range of viscosities.

High Viscosity index.

Should be Chemically stable with bearing material at all temperatures encountered.

Oil should have sufficient specific heat to carry away heat without abnormal rise in temperature.
Reasonable cost.

Selection Guide for Lubricants

The viscosity of lubricating oil is decisively for the right thickness of the lubricating film (approx. 3-30um) under
consideration of the type of lubricant supply

Low sliding speed High Viscosity
High sliding speed Low viscosity
High bearing clearance High Viscosity

High load ( Bearing pressures) Higher Viscosity

1.5 Bearing materials

Relative softness (to absorb foreign particles), reasonable strength, machinability (to maintdn
tolerances), lubricity, temperature and corrosion resistance, and in some cases, porosity (to absorb lubricaift)
are some of the important properties for a bearing material.

A bearing element should be less than one-third as hard as the material running against it in order [fo
provide embedability of abrasive particles.

A bearing material should have high compression strength to withstand high pressures without distortion gphd
should have good fatigue strength to avoid failure due to pitting. e.g. in Connecting rod bearings, Crank shaft bearings, gffc
A bearing material should have conformability. Soft bearing material has conformability. Slight misalignments of beari
can be self-correcting if plastic flow occurs easily in the bearing metal. Clearly there is a compromise between load-bear{hg
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ability and conformability.

In bearings operating at high temperatures, possibility of oxidation of lubricating oils leading to formation of corros|ye
acids is there. The bearing material should be corrosion resistant. Bearing material should have easy availability and l{jw
cost. The bearing material should be soft to allow the dirt particles to get embedded in the bearing lining and avoid furthfer
trouble. This property is known as Embeddability.

Different Bearing Materials

e Babbitt or White metal -- usually used as a lining of about 0.5mm thick bonded to bronze, steel or
castiron.

e Lead based & Tin based Babbitt’s are available.
e Excellent conformability and embeddability

e Good corrosion resistance.

e Poor fatigue strength

Copper Based alloys - most common alloys are copper tin, copper lead, phosphor bronze: harder afjd
stronger than white metal: can be used un-backed as a solid bearing.

Aluminum based alloys - running properties not as good as copper based alloys but cheaper.

Ptfe - suitable in very light applications
Sintered bronze - Sintered bronze is a porous material which can be impregnated with oil, graphife
or Ptfe. Not suitable for heavily loaded applications but useful where lubrication is inconvenient.

Nylon - similar to Ptfe but slightly harder: used only in very light applications.

Triple-layer composite bearing material consists of 3 bonded layers: steel backing, sintered porous tin bronze interlayer gpd
anti-wear surface as shown in figure 1.15. High load capacities and low friction rates, and are oil free and anti-wear.

Lead-tin alloy overlay 0.03 mm

'''''''''''''

~Copper—lead or
Steel backing aluminium—tin

| v
strit alloy

Fig.1.15 Tri-metal Bearing

If oil supply fails, frictional heating will rapidly increase the bearing temperature, normally lead to metal-to-metal cont{jct
and eventual seizure. Soft bearing material (low melting point) will be able to shear and may also melt locally. Protects the
journal from severe surface damage, and helps to avoid component breakages (sudden locking of mating surfaces).



Static & dynamic load rating of bearing

The static and dynamic load ratings of a bearing are key parameters used to determine how much load a bearing can safe
support. These ratings are standardized by organizations such as ISO and are crucial for selecting the right bearing for an
application.

f 1. Static Load Rating (Co)
e Definition: The maximum load that a bearing can withstand without excessive permanent deformation of the rolljng
elements and raceway when stationary.
e Measured in: Newtons (N) or Kilonewtons (kN)
e Applicability: Used when the bearing is not rotating, or rotating at very low speeds, or is subject to shock loads.
Think of it as the load you can apply to a parked bearing before it gets dented.

&8 2. Dynamic Load Rating (C)
e Definition: The constant load that a bearing can endure while rotating for a rating life of 1 million revolutions (or [Jbout
500 hours at 33% RPM) with a 90% reliability.
e Measured in: Newtons (N) or Kilonewtons (kN)
o Applicability: Used for rotating applications to predict bearing life.
Think of it as the max load a spinning bearing can handle over time without failing prematurely.

Q Example:
Let’s say you have a deep groove ball bearing with the following ratings:

e Co (Static Load Rating): 5,000 N

e C(Dynamic Load Rating): 10,000 N

e If the bearing is stationary, don’t exceed 5,000 N.

e If the bearing is rotating, use the dynamic rating to estimate lifespan with:
L10=(CP)3 million revolutionsL_{10} = \left(\frac{CH{P}\right)”*3 \text{ million revolutions}
Where PP is the equivalent dynamic bearing load.

O Bearing Life Calculation
Bearing life refers to how long a bearing will perform before showing signs of fatigue. The most commonly used metric is tlje
basic rating life, denoted as Lo (also written as L10L_{10}).

;(? 1. Basic Bearing Life Formula (L10)
L10=(CP)pL_{10} = \left( \frac{CHP} \right)"p
L10L_{10} = bearing life in millions of revolutions
CC = dynamic load rating (N)
PP = equivalent dynamic bearing load (N)
pp = exponent:
o 3for ball bearings
o 10/3 for roller bearings

@ 2. Converting Lo to Hours

To find life in hours, use:

L10h=10660-n-(CP)pL_{10h} = \frac{1076}{60 \cdot n} \cdot \left( \frac{C}{P} \right)*p
e L10hL _{10h} = life in hours
e nn=speedin RPM

00 Example Calculation

Let’s say we have:
e Dynamic load rating C=10,000 NC = 10,000 \, \text{N}
e Appliedload P=5,000 NP = 5,000 \, \text{N}



e Speed n=1500 RPMn = 1500 \, \text{RPM}

e Ball bearing = p=3p=3
Step 1: Compute Lo
L10=(10,0005,000)3=8 million revolutionsL_{10} = \left( \frac{10,000}{5,000} \right)”3 = 8\, \text{million revolutions}
Step 2: Convert to hours
L10h=10660-1500-8=10690,000-8~11.11-8=88.88 hoursL_{10h} = \frac{1076}{60 \cdot 1500} \cdot 8 = \frac{10”76}{90,000}{}cdot
8 \approx 11.11 \cdot 8 = 88.88 \, \text{hours}

Tips for Longer Bearing Life:
e Reduce the applied load PP
e Use bearings with higher dynamic load rating CC
e Operate at lower speeds when possible
e Ensure proper lubrication and alignment

Sliding contact bearing
Designing a sliding contact bearing (also called plain bearing or journal bearing) involves several steps focused on load cafjacity,
friction, material selection, lubrication, and cooling. Here’s a breakdown of how to approach the design:

& Sliding Contact Bearing Design Process

1. Define Design Requirements
Radial or axial load?
Rotational speed (RPM)
Shaft diameter
Type of motion: Continuous, oscillating, or intermittent
Operating temperature
Load duration and cycle
Lubrication method (hydrodynamic, boundary, hydrostatic)

2. Select Bearing Material
Typical combinations:
e Bearing surface: Bronze, Babbitt, PTFE, nylon, graphite
e Mating shaft: Hardened steel or chrome-plated steel
Key factors:
Low friction
Good wear resistance
Compatibility with lubrication
Conformability and embeddability

3. Choose Lubrication Regime

e  Hydrodynamic: Full fluid film, no metal-to-metal contact

e Boundary: Mixed lubrication, some metal contact

e Hydrostatic: External pump forces lubricant into the bearing
Prefer hydrodynamic lubrication for continuous high-speed rotation.

4. Calculate Bearing Dimensions
a) Clearance (c)
c=d-6c = d \cdot \delta
e d\delta = clearance factor, typically 0.001 to 0.002 for most applications
b) Length-to-diameter ratio (L/d)
e Common values: 0.5to 2
c) Bearing Pressure (P)



P=WL-dP = \frac{W}{L \cdot d}
WW = load on bearing
LL = bearing length
dd = shaft diameter
Typical allowable pressure:
o Babbitt: 1-2 MPa
o Bronze: 5-10 MPa
d) PV Rating
PV=P-VPV = P \cdot V
e VV =sliding velocity = mdn60\frac{\pi d n}{60} (in m/s)
e Manufacturers provide PV limits for materials (e.g., 1-10 MPa-m/s)

5. Check for Heat Generation & Dissipation
a) Frictional Power Loss (in watts)
Pf=f-W-VP_f = f \cdot W \cdot V
o ff=coefficient of friction (0.001 to 0.05 depending on regime)
b) Heat Dissipation Check
Ensure that generated heat can be removed by:
e Conduction (via housing)
¢ Convection (air/oil cooling)
e Lubricant circulation

6. Material Selection Summary

Bearing Material Typical Shaft Material Max P (MPa) Max PV (MPa-m/s)
Babbitt Steel 1-2 1-2

Bronze Steel 5-10 2-5

PTFE composites Hardened steel 3-20 2-10

X? Example Scenario
Suppose you need to design a bronze journal bearing:
e Shaft diameter: 50 mm
e Speed: 1200 RPM
e Load: 3000 N
e L/dratio: 1
We can:
e Choose L=50 mmL = 50 \text{ mm}
e Calculate P=30000.05-0.05=1.2 MPaP = \frac{3000}{0.05 \cdot 0.05} = 1.2 \, \text{MPa}
e Check velocity: V=m-0.05-120060=3.14 m/sV = \frac{\pi \cdot 0.05 \cdot 1200}{60} = 3.14 \, \text{m/s}
e PV=1.2-3.14=3.77 MPa\cdotpm/s1.2 \cdot 3.14 = 3.77 \, \text{MPa-m/s} = Safe for bronze

Footstep bearing

Designing a footstep bearing (also called a pivot bearing or vertical thrust bearing) involves handling axial loads from a
vertically oriented shaft—typically found in vertical pumps, vertical turbines, or similar machinery.

Here's a full guide to designing a footstep bearing:

% Design of Footstep Bearing

0 1. Function
e Supports a vertical shaft
e Carries axial (thrust) load
e Restricts shaft movement downward




e Provides a low-friction contact surface

[», 2. Design Parameters
Let’s denote:
WW = Axial load (N)
rr = Radius of bearing surface (m)
pp = Bearing pressure (Pa or N/m?)
ff = Coefficient of friction (typically 0.01-0.05)
nn = Shaft speed (RPM)
PfP_f = Frictional power loss (W)

3. Material Selection

Bearing Material Typical Shaft Material Max Pressure (MPa)
Babbitt Hardened steel 1-2

Bronze Hardened steel 5-10

Cast Iron Mild steel ~2-3

PTFE / Nylon Hardened steel 3-5

[lull 4. Key Design Equations

a) Bearing Pressure
p=WA=Wnr2p = \frac{W}A} = \frac{WH\pi r*2}
This must be < allowable pressure for the bearing material.

b) Frictional Torque (T)
Assuming uniform pressure distribution:
T=23fWrT = \frac{2}{3} fW r

c) Power Loss Due to Friction (P_f)
Pf=2ninT/60=4rtfWrn90P_f = 2\pi n T/ 60 = \frac{4 \pi f W r n}{90}
This is the power wasted due to friction. It should be minimized via good material choice and lubrication.

/ 5. Design Steps
1. Define inputs:

o Axial load WW

o Shaft diameter dd

o Shaft speed nn

o Choose bearing material
Select radius rr:

o Start with r=d/2r=4d/2
Check bearing pressure:

o Must be < max allowable pressure
Calculate torque and frictional loss
Design housing and lubrication:

o Provide oil sump or grease nipple

o Consider grooves or pockets to improve lubrication

0 Example
Suppose:
e W=2000 NW = 2000 \, \text{N}
e Shaft diameter d=60 mmd = 60\, \text{mm} = r=30 mm=0.03 mr = 30\, \text{mm} = 0.03 \, \text{m}
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e n=720 RPMn = 720\, \text{RPM}
e Material: Bronze, max pressure =5 MPa, f=0.02f = 0.02
Step 1: Pressure
p=Wrtr2=2000m-0.032=707,000 Pa=0.707 MPap = \frac{W}\pi r*2} = \frac{2000{\pi \cdot 0.03~2} = 707,000 \, \text{Pa}=|p.707
\, \text{MPa}
Safe (well below 5 MPa for bronze)

Step 2: Frictional Torque
T=23fWr=23-0.02-2000-0.03=0.8 NmT = \frac{2}3} f W r = \frac{2}{3} \cdot 0.02 \cdot 2000 \cdot 0.03 = 0.8 \, \text{Nm}

Step 3: Power Loss
Pf=2rinT60=21-720-0.860=~60.32 WP_f = \frac{2\pi n TH60} = \frac{2\pi \cdot 720 \cdot 0.8{60} = 60.32 \, \text{W}

Design Considerations:
e Use lubrication grooves in the bearing face
e Provide axial alignment to avoid edge loading
e Use self-lubricating materials for maintenance-free operation (e.g., sintered bronze or PTFE)
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